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Abstract
It is commonly known that the turbocharger turbine is still designed using the quasi-
steady assumption despite its highly pulsating unsteady working conditions. The
positioning of a turbocharger in close proximity to the exhaust valve in order to ex-
tract substantial energy ultimately necessitates a thorough investigation regarding
its performance under pulsating flow conditions. This thesis presents experimen-
tal and numerical work, as well as the design of new advanced stator concept to
improve turbine performance under pulsating flow conditions. A cold flow test fa-
cility is setup mainly to isolate the effect of pulsating flow conditions and therefore
allowing the performance deviation from the quasi-steady approach to be properly
recorded and documented. Since experimental data alone is not sufficient for under-
standing the detailed flow field within the turbocharger turbine stage, a complete
3-D Computational Fluid Dynamics model is developed using commercial software
Ansys CFX. The model is validated against experimental data for all steady and
pulsating conditions. During pulsating conditions, the incidence angle close to the
rotor inlet changed significantly which directly affected the turbine performance.
A study on the turbine performance improvement by aggressive reduction of nozzle
vanes are conducted and experimentally tested. Results of steady and pulsating con-
ditions suggested that the new vanes arrangement delivered significantly improved
performance under both operating conditions especially at 50% speed (equivalent to
30000 rpm). At 80% speed (48000 rpm), the turbine efficiency is either similar or
better (up to 8 efficiency point improvement) than the baseline arrangements.
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Chapter 1
Introduction and literature review
The ever-increasing demand for low carbon applications in the automotive indus-
try has intensified the development of highly efficient engines and energy recovery
devices. Even though there have been significant developments in alternative power-
trains such as hybrid and electric vehicles, their full deployment is hindered by high
costs and an unattractive life-cycle energy and emissions balance. Thus powertrains
based on highly efficient internal combustion engines are still considered to be the
mainstream solution for years to come. Traditionally, the turbocharger has been an
essential tool to boost the engine power especially the diesel engine. However, in
recent years it is seen as an enabling technology for engine downsizing of all inter-
nal combustion engines. In reality, a turbocharger turbine coupled to an internal
combustion engine operates in a highly pulsating exhaust flow. This is due to the
nature of a reciprocating engine that exhales the exhaust gas at a specific frequency.
Heywood (1988) indicated that it is necessary that the turbine should be designed
carefully in order to achieve sufficient efficiency in such conditions. There are nu-
merous studies looking into the complex interaction of the pulsating exhaust gas
with the turbocharger turbine, however the phenomena is still not fully integrated
into the design process. While the conventional practice in the industry is still to de-
sign and match the turbine to an engine based on steady performance maps, there
have been significant developments and research on integrating the knowledge of
pulsating flow turbine characteristics into the turbine design.
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1.1 Motivation
The broader scope of this project is closely linked to the global strategy to actively
reduce carbon emissions to the atmosphere, particularly from the transportation
sector. According to the International Energy Agency (IEA) in 2013, transport alone
was responsible for 22% of global energy-related CO2 emissions (see Figure 1.1). This
proportion could become even greater as other sectors are decarbonised (see Figure
1.2). From the entire transport sector, road transportation alone contributed more
than 72% of the total emission, thus signifying the need for actions. As for the UK
government, they have committed to an ambitious target of reducing greenhouse gas
(GHG) emission by 50% by 2027 and 80% by 2050 from 1990 levels (IEA, 2012a).
In order to achieve this target, aggressive actions from the policy makers, and not to
mention the technology developers, are necessary. Figure 1.4 shows the UK domestic
transport GHG emission contributors from all types of vehicles in 2007. It can be
clearly seen that passenger cars and heavy goods vehicles dominated and contributed
almost 80% of the total GHG emission from the transport sector in the UK.
Figure 1.1: World CO2 emissions by sector in 2011, (IEA, 2013)
Figure 1.5 shows the projections of CO2 emissions of the European passenger
car fleet until 2050. In order to achieve these trajectories, more and more stringent
emissions regulations have been imposed over the years thus forcing the industry to
move towards the development of highly efficient state-of-the-art engine technology.
One of the key enablers for low emission internal combustion engines is turbocharg-
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Figure 1.2: CO2 emissions by sector, 1973 to 2010 (IEA, 2012a)
Figure 1.3: CO2 emissions from transport (IEA, 2013)
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Figure 1.4: UK domestic transport GHG emissions 2007 excluding travel across
borders (Department for Transport, 2009)
Figure 1.5: European passenger car tailpipe CO2 trajectories (limits are shown for
a typical 4-seater C-class vehicle e.g. VW Golf)(Howey et al., 2010)
1.1. Motivation 33
Chapter 1. Introduction and literature review
ing technology. Turbocharging directly results in the increase of the power density
of an engine. Therefore, it is possible to downsize the turbocharged engine while
maintaining its power output. One of the major benefits of a downsized engine is
the smaller contact surfaces between moving parts and as such results in the friction
reduction. This inevitably results in the efficiency increment of an engine.
Figure 1.6: Losses of energy of a typical light duty vehicle (%) (IEA, 2012b)
1.2 Energy recovery through turbocharging
1.2.1 History of turbocharging
Turbocharging from a historical perspective goes back to the late 1800s, when the
German inventor Gottlieb Daimler and Rudolf Diesel were designing the mechanical
supercharger as a way to boost the performance of engines. The unavoidable energy
losses in the internal combustion engine are due to friction and heat sealing losses,
and a major contributor is the heat energy in the exhaust gas, hence the needs for
an energy recovery system that can restore this wasted energy to useful work. In
November 1905, a Swiss engineer, Dr. Alfred Buchi received patent No. 204630
from The Imperial Patent Office of the German Reich for a “combustion machine
consisting of a compressor (turbine compressor), a piston engine, and a turbine in
sequential arrangement” (see Figure 1.7).
The initial stage of turbocharger development was focused on large engine ap-
plications such as for marine and aircraft engines, as well as for trucks. The first
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Figure 1.7: Earliest turbocharger design by Dr. Alfred Buchi (extracted from Rajoo
(2007)
turbocharged truck engine was built by the “Swiss Machine Works Saurer” in 1938.
For passenger car applications, turbocharged engines entered the market in 1962
but quickly disappeared due to reliability problems. Conversely, in the late 1980s
the increasingly stringent emission regulations greatly enhanced the production of
truck engines equipped with turbochargers, and today the vast majority of the truck
engines are turbocharged. Turbocharged engines found their way into motorsport
in the 1970s and started to become popular for passenger cars. However, they dis-
appeared again from the public domain due to its cost and the issue of ‘turbo-lag’1
that was not acceptable by the drivers. These problems have since been addressed
by appropriate turbocharger matching, selection of the high temperature materials,
and utilization of advanced instrumentations to improve the transient response of
the machine.
In 1987, the introduction of a turbocharged diesel passenger car, the Mercedes-
Benz SD300, followed by the VW Golf Turbodiesel a few years later, marked the
major breakthrough in turbocharger applications to the passenger car. It is now
widely accepted as a means of increasing engine efficiency and reducing emissions
now rather than to simply increase engine performance in order to achieve com-
pliance with progressively more stringent emissions regulations (BorgWarner Turbo
1the delayed response of turbocharger due to finite time taken for the gas to fill the volume of
the manifold system
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System, 2002).
1.2.2 Background of turbochargers
A naturally aspirated (NA) internal combustion engine (ICE) can be viewed as a
breathing mechanism that inhales the ambient air and exhales the combustion prod-
ucts. In a 4-stroke ICE, the inhaled ambient air is mixed with the fuel at a certain
air-fuel ratio, compressed and burned in the combustion cylinder that translates in
to reciprocal movement of the piston which in turns rotates the crankshaft. The
power output from the crankshaft is then delivered to the wheels that result in ve-
hicle movement. The combustion cylinder then exhales the combustion product via
exhaust valves back to ambient.
However, when the same NA engine operates at an elevated altitude, although the
same volume of air is drawn into the combustion chamber during the intake stroke,
the reduction of air density would result in a reduced mass of air. As the combustion
power output is the function of the mass of the air (the number of air molecules
and not the volume), the power output to the crankshaft would ultimately decrease.
This effectively reduces the engine power output and its driveability especially as the
altitude increases (for example, climbing hills). Therefore, it would be beneficial if
the air is compressed before being fed into the combustion chamber, the purpose for
which the turbochargers and superchargers are designed. The following discussions
are focused on the turbocharger since the turbocharger turbine is the focus of this
research.
A turbocharger is a device that is capable of recovering the energy available in the
hot exhaust gas by means of a rotating turbine rotor. This rotor is connected to the
compressor via a common shaft. Therefore, the energy available in the turbine can
be transferred directly to the compressor in order to compress the intake air which is
then fed into the combustion chamber (Japikse and Baines, 1994, Pulkrabek, 2007).
A schematic of a turbocharged engine is illustrated in Figure 1.8.
A turbocharger consists of several components, namely the turbine volute, com-
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Figure 1.8: Schematic of a turbocharged engine system, (www.honeywell.com)
Figure 1.9: 3D schematic of a turbocharger, (www.honeywell.com)
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pressor scroll, turbine wheel, compressor wheel, and a central shaft as is shown in
Figure 1.9. During its operation, the hot exhaust gas that originated from the com-
bustion of the air-fuel mixture inside the combustion chamber in each cylinder is
directed into the exhaust manifold before entering the turbine volute. Within the
volute stage, the hot gas is forced to turn and follow the volute shape, resulting in the
development of large tangential velocity. This large tangential velocity gas, also with
high temperature and pressure in turn rotates the turbine wheel. Furthermore, the
reduction of cross-sectional area of the volute as the flow propagate downstream its
circumference further forces the fluid to flow into the rotating turbine rotor passage.
Downstream of the turbine exit, the fluid is discharged to ambient air.
The rotation of the turbine wheel therefore rotates the compressor rotor, allow-
ing ambient air drawn into the turbocharger to be compressed before entering the
engine intake duct. The high density and high temperature air due to compressive
heating (Pulkrabek, 2007) is often channelled through a heat exchanger to reduce its
temperature and further increase its density before entering the combustion cham-
ber. The air is then mixed with fuel and burnt during the combustion process.
Afterwards, the hot combustion products are released into the exhaust manifold
where it will enter the turbocharger turbine and the process repeats continuously.
At a constant engine speed, the combustion process inside the engine cylinder
occurs at a certain frequency due to the nature of a reciprocating device. This
behaviour translates into the fact that the discharge of the combustion products
through the exhaust also takes place at a certain frequency. Therefore, the flow
within the exhaust manifold is always pulsating and ultimately introduces a signif-
icant unsteadiness at the turbine inlet as indicated Figure 1.10.
From Figure 1.10, it can be seen that the flow entering the turbocharger turbine
wheel is not steady but always pulsating. However, due to the lack of understanding
of the turbine behaviour under pulsating flow conditions, the turbine wheel at the
moment is still matched to an engine based on steady flow performance map. The
reciprocating nature of the ICE results in coupling an unsteady flow to a steady flow
device (the turbine) and could be seen as an ‘unhappy marriage’, and a challenging
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Figure 1.10: Total pressure plot at the turbine inlet (Point 1)
engine-turbocharger matching procedure. At the moment, the unsteady phenomena
within the turbocharger turbine are still not fully characterized and understood due
to the intricate nature of the flow field as well as the complex turbocharger geometry.
This presents an opportunity to further improve the engine-turbocharger matching
by understanding the turbine interaction with the incoming pulsating flow. From the
fundamental thermodynamics point of view, the advantage of extra power available
by the turbocharged engine can be seen by understanding its effect on the ideal Dual
Cycle of IC Engine plotted in Figure 1.11(Watson and Janota, 1982).
Figure 1.11: (a)Effect of turbocharger to engine performance and (b) work available
from ideal exhaust process, (Watson and Janota, 1982)
.
An idealized thermodynamic cycle in a naturally aspirated engine and tur-
bocharged engine is shown in Figure 1.11(a) and the energy available during the
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exhaust process is shown in Figure 1.11(b). In Figure 1.11(a), process 1-2 represent
compression stroke, 2-3 is the combustion process followed by combustion process at
constant pressure 3-4. 4-5 represent the power stroke where the combustion cham-
ber expands and 5-1 is the exhaust stroke where the exhaust gas is removed from
combustion chamber thus lowering the pressure back to ambient pressure. In Figure
1.11(b), the opening of exhaust valve is marked by position 1, therefore the isen-
tropic energy available in the exhaust gas is encapsulated in 1-2-3 region in Figure
1.11(b). The effect of turbocharger is to increase the pressure inside combustion
chamber thus increasing the encapsulated area of thermodynamic cycle 1-2-3-4-5 in
Figure 1.11(a). The net work output is represented as the integral of the pressure
with volume as shown in Equation 1.1.
W =
∫
PdV (1.1)
Also, in order to accommodate such high flowrates of the exhaust gas, a turbine
wheel is designed to operate at the high rotational speed (usually in access of 100
000 rpm). At particularly high speed engine operation, the rotational velocity of the
turbine and compressor wheel could be dangerously high and therefore could over
compress the air. To avoid this from happening, a wastegate system (see Figure
1.12) is installed to allow the exhaust to bypass the turbine wheel and therefore
limiting the boost pressure.
1.2.3 The mixed flow turbine
As a mixed flow turbine is the integral part of this research, it is felt necessary
to perform a review on the particular device. A comprehensive review on mixed
flow turbines is already made available by Rajoo and Martinez-Botas (2008a) and
therefore only the imperative aspects of the mixed flow turbine is discussed in this
section.
One of the limitations associated with the radial turbine is that its geometrical
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Figure 1.12: Typical turbocharger with wastegate (DieselNet.
http://www.dieselnet.com, 2003)
configuration requires the inlet blade angle to be 00 in order to maintain the ‘radial
fibre requirement’1. This prevents too great bending stress exerted on the turbine
blade due to the high centrifugal force. This condition forces the peak efficiency of
the radial turbine to be fixed at the particular velocity ratio of 0.7072 and prohibits
the potential for reducing the optimum velocity ratio (increasing pressure ratio)
for better operation under pulsating flow condition. The invention of the mixed
flow turbine seems to have brought said potential by allowing the blade to have a
non-zero inlet blade angle while maintaining the radial fibre requirement.
The underhood space limitation for an automotive turbocharger results in instal-
lation close to the exhaust valve, therefore exposing the turbine wheel to a highly
pulsating flow. It is therefore sensible to adjust the turbine geometry to extract
the energy available at high pressure ratio instance of the incoming pulsating flow,
rather than designing turbine geometry for cycle-averaged conditions. Meanwhile,
the pressure ratio is inversely related to velocity ratio as indicated in Equation 1.2.
1it is common for the turbine designer to design blade that extends radially outward at any
axial location
2in an ideal analysis, peak efficiency can be shown to occur at V R = 1√
2
≈ 0.7
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U
Cis
=
U√
2cpT0,inlet
[
1−
(
Ps,exit
P0,inlet
) γ−1
γ ] (1.2)
Figure 1.13: Schematic description of a radial and a mixed-flow turbine (Rajoo and
Martinez-Botas, 2008a)
Figure 1.14: Mixed-flow blade configurations and 3D view of the rotor (Rajoo and
Martinez-Botas, 2008a)
Mixed flow turbine geometry is achieved by radially sweeping the leading edge
of a radial turbine as shown in Figure 1.13. This modification results in reduced
flow path curvature and reduced formation of secondary flow as compared to its
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radial counterpart(Palfreyman and Martinez-Botas, 2002). Figure 1.14 shows the
geometrical characteristic of a mixed flow turbine which is defined by the blade angle,
cone angle and camber angle. The cone angle is effectively what differentiates the
mixed flow turbine and the radial turbine (where it is fixed at 900). By altering
the cone angle, it is then possible for the blade angle to have a non-zero value thus
allowing the possibility to shift the peak efficiency point to a lower velocity ratio
magnitude, as represented in Figure 1.15. The relationship between the blade angle,
cone angle and camber angle is obtained from Equation 1.3 as indicated by Whitfield
and Baines (1990).
tan βB = cos λ tan φ (1.3)
Figure 1.15: Efficiency of an axial, radial and mixed flow turbine against (a,b) ve-
locity ratio (Watson and Janota, 1982) and (c) specific speed (Whitfield and Baines,
1990)
The relationship between the mixed flow turbine defining angles are illustrated in
Figure 1.16. The representation of the effect of the inlet blade angle to the velocity
ratio is shown in Figure 1.17. It can be seen from Figure 1.17 that the application of
different blade angle have a significant impact on velocity ratio as described earlier.
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Figure 1.16: Inter-relations of mixed-flow turbine leading edge defining angles (Rajoo
and Martinez-Botas, 2008a)
Figure 1.17: Velocity ratio variation with flow inlet relative (β4) and absolute (α4)
angle (Rajoo and Martinez-Botas, 2008a)
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The design methodology of the mixed flow turbine was developed by a number
of researchers. Early research by Wallace and Blair (1965) aimed at improving the
swallowing capacity of the turbocharger turbine by using the mixed flow turbine.
Baines et al. (1979) tested two mixed flow turbines and achieved similar agreement
of turbine performance to that of Wallace and Blair (1965). Furthermore, Abidat
(1991) and Abidat et al. (1992) developed a new method of generating the blade
profile by utilizing Bezier polynomials. They were able to achieve a similar test
result to Wallace and Blair (1965) and Baines et al. (1979). Moreover, a systematic
approach to optimize design of mixed flow turbines was explained in great detail by
Chen and Baines (1992) who attempted to minimize energy losses by reducing the
inlet and exit velocities of the rotor. Chen and Baines (1992) later concluded that
the turbine design can be optimized by setting the exit swirl angle to zero or some
positive value, thereby balancing reduced internal loss and increased exit loss.
The ability of a mixed flow turbine, compared to its radial counterpart, to in-
crease swallowing capacity enables the use of a smaller turbine rotor for a given
mass flow target. This consequently reduces turbine inertia, which leads to better
turbocharger response – a very desirable characteristic. The potential improvements
that the mixed flow turbine offers have been a great motivation for much research
into the application of mixed flow turbines to ICEs, such as Yamaguchi et al. (1984),
Chou and Gibbs (1989), Naguib (1986), and Minegashi et al. (1995).
In the attempt to improve the effectiveness of the turbocharger turbine, the
application of nozzle vanes was introduced to provide better flow guidance into the
turbine wheel. Although the precise reason for the enhancement of turbine efficiency
is still not absolutely clear, the addition of nozzle vanes were widely adopted, espe-
cially for heavy duty vehicles. While a Fixed Geometry Turbine (FGT) nozzle offers
performance improvement only at very specific operating conditions, a Variable Ge-
ometry Turbine (VGT) that is capable of altering the flow area to suit particular
operating conditions is also used, but at the expense of reliability and increased
product cost.
The design intent of a VGT is to enhance the efficient operating range of tur-
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bocharger turbine, enable better transient response and maintain sufficient boosting
pressure at the intake manifold for a wide range of engine speed. Conventional FGTs
are limited by the workable range of turbine due to choking when the exhaust flow
become too large (high engine speed), and of the compressor due to stalling when
the exhaust flow become too small (low engine speed). This behaviour effectively
means that during high engine speed, the turbine rotor is not able to discharge all
the exhaust gas, causing pressure accumulation upstream of the rotor (a phenom-
ena called “back pressure”). On the other hand, at low engine speed, the developed
turbine power is insufficient for the compressor to provide the desired boost pressure.
A VGT operates by increasing the flow area during high speed engine operation,
to prevent over-boosting, and decreasing the flow area during low speed operation
in order to increase the fluid velocity and momentum impacting the turbine rotor.
Apart from that, the application of VGT will allow the wastegate system to be
removed due to the ability of VGT control flow into the rotor thus preventing over-
boost pressure. However, the major drawback in the application of VGT is that its
actuating mechanism would significantly increase the number of components and
therefore introduce the reliability issue. Two types of VGT mechanisms are shown
in Figure 1.18.
The history of VGT goes back over 30 years when Watson and Janota (1982)
suggested that VGT could be a potential solution for engines operating in highly
transient conditions. Nevertheless, its development continues to be restricted by
durability and reliability concerns thus limiting the applicability of VGT for com-
mercial uses. Figure 1.19 shows the improved brake power, specific fuel consumption
and reduced emissions of VGT as compared to a fixed geometry unit.
Wallace et al. (1981) mentioned that the VGT is the next stage of turbocharging
technology at that time, and conducted a series of engine tests equipped with VGT
and scrutinized the improvement achieved. Furthermore, it was found that the
engine transient response improved but was accompanied with a loss of turbine
efficiency, suggesting the need for an optimal control strategy to maximize to on-
engine improvement.
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(a)
(b)
Figure 1.18: (a) Pivoting Vane VGT, Bell (1997) and (b) Sliding Nozzle Vane VGT
(Holset Engineering)
A few methods of controlling the flow in the variable geometry turbocharger have
been suggested. To date, the method of moving wall/sliding nozzle and the variable
nozzle area through pivoting mechanism are widely used and the most reliable (see
Figure 1.18) as compared to the other suggested designs. For VGTs with a pivoting
vane mechanism, the nozzles are connected on a common ring that regulates the
flow area by rotating the nozzles. As for the sliding nozzle mechanism, the nozzles
maintain a fixed angle but the flow area upstream of the nozzle leading edge is
controlled by the sliding ring. Both mechanisms require various engine parameters
to be taken into account to achieve the optimum compromise between fast torque
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Figure 1.19: Engine performance improvements with variable geometry turbocharger
demonstrated by different researchers (Watson and Janota, 1982)
response, fuel economy, low emissions and engine safety (Moody, 1986).
Design of the VGT has greatly revolutionized since the development of mixed
flow turbine. Since the turbine inlet was radially swept at certain angle (cone an-
gle), it was possible to use design a non-zero blade angle at the leading edge while
maintaining radial fibre. This is something that cannot be achieved with the conven-
tional radial turbine and has allowed more degree of freedom for turbine designers.
However, the mixed flow turbine imposes significant challenges in finding a suitable
vane to match the geometrical properties of its rotor leading edge. Wallace and
Pasha (1972) pointed out that an ‘ideal’ nozzle vane ring specifically designed for
mixed flow rotor inlet is essential in order to obtain maximum performance of VGT.
For instance, the use of conventional straight vanes will create an uneven interspace
region between the vane trailing edge and the rotor leading edge, resulting in non-
uniformity of the flow in spanwise direction (Rajoo and Martinez-Botas, 2008a).
Nevertheless, Baets et al. (1998) utilized a set of straight pivoting nozzle vanes
to control the inlet area to a mixed flow turbine, arranged in such a way that
the clearance leakage is minimized. They indicated that for the specific design of
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the pivoting vanes, reduction of efficiency was mostly due to the sealing loss and
nozzle ring geometry loss. However, they recorded successful engine part-load fuel
consumption and exhaust smoke test results.
Recent development of the VGT includes the experimentally-tested lean vanes
designed by Rajoo and Martinez-Botas (2006), which were designed to match the
3D geometry of the mixed flow turbine at the leading edge. Indeed, the design
and experimental data obtained by Rajoo (2007) is used for validation throughout
the current research. Another quite recent invention of an advanced type of VGT
is the ‘Active Control Turbocharger’ (ACT) by Pesiridis (2007) and Pesiridis and
Martinez-Botas (2005, 2006, 2007). The sliding vane actuating mechanism was
modified to adapt to the pulsating flow nature of the exhaust gas by artificially
inducing sinusoidal motion. Therefore, the energy contained in the pulsating flow is
extracted on a pulse-to-pulse basis by “actively” controlling the inlet flow area.
1.2.4 Experimental work on pulsating flow turbine charac-
teristics
The earliest experimental study on the effect of unsteady flow on turbine perfor-
mance was reported by Wallace and Blair (1965). They systematically attempted
to evaluate the influence of several parameters such as the pulse frequency, pulse
form, pulse amplitude, pipe length, pipe diameter and turbine speed on the per-
formance of the radial turbine. They also indicated that a multiple entry turbine
effectively operates under partial admission conditions during pulsating flow opera-
tion. Wallace and Blair (1965) later concluded that the quasi-steady flow hypothesis
became progressively weaker as pulse frequency increased. Furthermore, they also
observed that short duration pulses gave higher power outputs than long duration
pulses, and that a smaller pipe area also provided higher turbine power output. As
for the partial-admission theory, results from this work indicated that the use of
full-admission efficiencies lead to a relatively small overestimation of power, while
using the partial-admission efficiencies resulted in a drastic underestimation.
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Benson and Scrimshaw (1965) conducted an experimental study to investigate
the effect of flow frequency and velocity on the turbine performance. They also
attempted to associate partial and full admission steady flow turbine performance
data to the unsteady analysis. Despite the lack of instantaneous measurements
(except for the static pressure), Benson and Scrimshaw (1965) observed significant
underestimation of the pulse-averaged mass flow rate and power output when the
steady state partial admission test data were used, as previously observed by Wallace
and Blair (1965). Furthermore, Benson and Scrimshaw (1965) also indicated that
the pulse-averaged turbine efficiency was greater under pulsating flow than that
under steady flow conditions, their magnitude depending on pulse frequency and
turbine speed.
Pischinger and Wunshe (1977) developed a test rig specifically to obtain both
full and partial admission turbocharger turbine maps. The evaluation of these maps
became one of the most important research works in the past, partly due to the
inability to obtain accurate instantaneous flow measurements in order to understand
the turbine characteristics under pulsating flow operation. They later found that
there is significant deviation between the turbine performance under full and partial
admission.
Almost a decade later Dale and Watson (1986) developed and tested a small,
high-speed turbocharger twin-entry turbine under both steady and pulsating flow
conditions. They also utilized a 12 kW eddy current dynamometer instead of a com-
pressor as the loading device, thus opening up the possibility for map extension1 . In
this work, apart from the instantaneous pressure measurement, for the first time the
instantaneous mass flow is reported - measured using hot-wire anemometry. Instan-
taneous torque was measured by means of a load cell and the turbine inertia, as well
as the precise measurement of the turbine speed in order to calculate its acceleration
and deceleration. As for the steady flow partial admission testing, they found out
that the maximum efficiency did not necessarily occur at equal inlet conditions, even
with a symmetrical flow housing. They also found that the lowest efficiency occurs
when there was absolutely no flow through one entry. Furthermore, Dale and Watson
1The use of compressor limits the turbine operational range due to surge and stall
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(1986) also found that for constant pressure ratio and turbine speed, the instanta-
neous mass flow rate departed from that measured under steady flow. Although the
mean mass flow was very close to the steady flow line, the mean efficiency was lower
compared to the corresponding steady flow efficiency. Instantaneous measurements
revealed for the first time that non-dimensional mass flow rate and efficiency formed
hysteresis loops that encapsulated a portion of the quasi-steady assumption in the
map, as shown in Figure 1.20 and Figure 1.21 respectively.
Figure 1.20: Locus of instantaneous mass flow rate at one turbine entry during
unsteady flow with identical (in-phase) conditions at each entry (Dale and Watson,
1986)
Three years later Capobianco and Gambarotta (1989) conducted a study to in-
vestigate the departure of pulsating flow conditions from the quasi steady counter-
part. In this study the only instantaneous parameters measured were the upstream
and downstream pressure. Capobianco and Gambarotta (1989) claimed that the
temperature and mass flow rate have a low response characteristic and therefore
justified the use of their mean values. They later indicated that the averaged tur-
bine swallowing capacity and power under pulsating flow conditions were always
higher than those found during steady flow conditions. However, they did not find
any link between the unsteady characteristics and the flow frequency. Furthermore,
this work also addressed the need for steady state curve extrapolation in order to
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Figure 1.21: Locus of instantaneous efficiency during unsteady flow with identical
(in-phase) conditions at each entry, together with instantaneous time history of
unsteady flow (Dale and Watson, 1986)
match the operating range under pulsating flow conditions.
Capobianco and Gambarotta (1992) continued their work on pulsating flow tur-
bine characteristics by using a Variable Area Turbocharger (VAT) and a Variable
Nozzle Turbocharger (VNT). The geometry of the VAT in this study was varied by
movement of the tongue in order to adjust the volute inlet area. On the other hand,
the geometry of the VNT was varied using its pivoting nozzle. A fixed geometry tur-
bine was also included in the study but the benefits of the variable geometry systems
were apparent. Capobianco and Gambarotta (1992) indicated that the pulse shape
at the turbine inlet was affected by the frequency as well as the variable geometry
system. This is due to the observation where the presence of moving vanes seemed
to have introduced significant oscillations in the pressure profile at the outlet. As
in the previous work, an appropriate link between turbine performance and the pul-
sating frequency and amplitude still could not be found. Furthermore, the outcome
of this work suggested that the use of proper control strategies were necessary in
order to take full advantage of the variable geometry system.
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Baines et al. (1994) conducted a systematic study on the effect of pulse flow inlet
conditions on the performance of a nozzleless radial inflow turbine. This work indi-
cated that for out-of-phase pulses and low frequency conditions, there exists some
reverse flow from one inlet to the other. As the frequency increases, the turbine per-
formance indicated a closer relationship with the steady state conditions although
minor differences still existed. Baines et al. (1994) also developed a “filling-and-
emptying” to model the volume of the volute, where mass can transiently accumu-
late. Subsequently, the flow was channelled to the turbine wheel, modelled using
the quasi-steady assumption. By using this model, Baines et al. (1994) managed to
obtain good agreement with in-phase measurement over a range of operation.
Karamanis (2000), Karamanis et al. (2001) performed an investigation on the
pulsating flow behaviour of the mixed flow turbine at its inlet and exit by using the
Laser Doppler Velocimetry (LDV) visualization method. This investigation reaf-
firmed that the turbine performance and its flow characteristics under pulsating
flow conditions deviate from their steady state counterparts, and that the perfor-
mance map formed a significant hysteresis around the steady state curves. As the
flow frequency increased, the hysteresis loop was found to be smaller in size - an indi-
cation that flow conditions within the turbine tend to steady flow values. Karamanis
(2000) also observed that the total-to-static instantaneous efficiency loop obtained
at the stator inlet was wider than that at the rotor inlet. It was found that the
intermediate inlet and exit velocity triangles showed significant variation with time.
By comparing the velocity triangles under both steady and unsteady conditions,
Karamanis et al. (2001) concluded that the quasi-steady assumption became invalid
at the beginning and end of the pulse cycle.
In assisting with the characterization of the difference between steady and un-
steady turbine performance, Szymko (2006) developed a uniquely designed per-
manent magnet eddy current dynamometer capable of extracting up to 60 kW of
turbine power output. This dynamometer was heavily cooled during operation and
was designed to react on the torque produced by the turbine, therefore enabling its
pure aerodynamic efficiency to be determined without interference from mechani-
cal losses. A further benefit of this new dynamometer was the ability to provide
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wide turbine performance maps almost 300% wider than a standard turbocharger
map obtained using a compressor as the loading device. This eliminated the need
to perform map extrapolation in order to compare the steady state turbine perfor-
mance with the unsteady performance. Szymko (2006) attempted to characterize
the operating regime of the turbine under pulsating flow conditions by the introduc-
tion of the normalised Strouhal number. Szymko (2006) indicated that the turbine
would behave in a quasi-steady manner if the normalized Strouhal number, St.* <
0.1, in a ‘filling and emptying’ manner for St.* > 0.1 > St.(p)*, (St.(p)* being the
pressure modified Strouhal number) and in a ‘wave action’ manner for St.(p)* >
0.1. Meanwhile, this study also implied that at a pulse frequency of 20 Hz, the
cycle-averaged efficiency was generally 6% lower than its quasi-steady counterpart
but that this discrepancy reduced with increasing pulse frequency. Furthermore, the
experimental study of Szymko (2006) also showed that the isentropic power under
pulsating flow was larger than steady flow conditions.
Hakeem et al. (2007) performed an investigation of steady and unsteady turbine
performance by comparing the effect of volute geometry of different designs as shown
in Figure 1.22, indicating that the use of a volute with larger swallowing capacity
resulted in higher isentropic efficiency at high velocity ratios. This study also found
that the design of the new volute had reduced the turbine’s sensitivity to rotational
speed and was expected to improve the performance under pulsating flow operations.
Again, for the unsteady investigations, Hakeem et al. (2007) noted that the turbine
instantaneous performance and flow characteristics deviated substantially from their
steady state values and that the quasi-steady assumption that was normally used
in the performance assessment of turbine operation under pulsating flow conditions
was inadequate. The cycle-averaged efficiency was also found to be higher than the
steady state value under all tested operating conditions.
Rajoo and Martinez-Botas (2008b) conducted the experimental evaluation of a
variable geometry mixed flow turbine under steady and pulsating flow using both
straight and lean nozzle vanes and at different vane angle settings. The lean nozzle
was designed to have 400 lean stacking from the axial direction, in order to match
the 3D configuration of the mixed flow turbine leading edge. Meanwhile, the straight
1.2. Energy recovery through turbocharging 54
Chapter 1. Introduction and literature review
Figure 1.22: Housing geometry of mixed-flow turbine volute: (a) old design and (b)
new design (Hakeem et al., 2007)
vane was constructed for comparison purposes in order to investigate any benefits of
the new lean vane design. The lean vanes indicated a clear improvement in efficiency
at velocity ratios higher than 0.65, using a high vane angle setting (almost closed
position). In the pulsating flow experiment, Rajoo and Martinez-Botas (2008b)
revealed that the range of mass flow parameter and pressure ratio were higher for
straight vanes than for lean vanes. Furthermore, the cycle-averaged efficiency in
the straight vane configuration is found to be higher than the lean vane design.
Moreover, the comparison to the equivalent quasi-steady was better for the straight
vane configuration compared to the lean vane.
Copeland (2009), Copeland and Martinez-Botas (2008) and Copeland et al.
(2009, 2010, 2011) in their research investigated the performance of a double-entry
turbine under pulsating flow as well as its deviation from the quasi-steady assump-
tion. Since a double-entry turbine was used, steady-state equal and unequal admis-
sion experiments were also conducted. They later demonstrated that the unsteady
efficiency of the turbine suffered most at the lowest frequency. Furthermore, the
quasi-steady assumption displayed the ability to follow a similar performance trend
to that under pulsating flow condition but could not replicate the magnitude of the
unsteady efficiency drop with increasing frequency. In other words, the quasi-steady
assumption consistently under predicted the magnitude of mass flow, especially at
lower frequencies. Therefore, it can be concluded that the quasi-steady assumption
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only reflects the rough trend of the unsteady performance and should not be used
as a main tool to obtain quantitative predictions of turbine efficiency with unsteady
admission. In addition, they also suggested that lower flow frequencies resulted in
greater time available for the turbine wheel to swallow the mass introduced over a
pulse cycle, therefore encouraging a better flow field in the volute, while the opposite
occurs for higher flow frequencies.
Another major issue in the analysis of turbine performance under pulsating flow
conditions is the phase-shifting method. Since the pulse travels around the tur-
bocharger turbine in a finite time, an appropriate phase-shifting technique has to
be applied in order to ensure that the ratio between the isentropic power available
at the turbine inlet and the actual power extracted at the turbine shaft is calcu-
lated for the same phase instant. Over the years, different phase-shifting techniques
were utilized by different researchers. For instance, Dale and Watson (1986) and
Arcoumanis et al. (1995) used the sonic velocity for phase-shifting meanwhile Win-
terbone et al. (1991) and Baines et al. (1994) used the bulk flow velocity on which
to base their phase shifting adjustment. Recent studies by Rajoo and Martinez-
Botas (2007) and Szymko et al. (2005) indicated that the sum of sonic and bulk
flow velocities can also be used as the pulse travelling speed. Further discussion
on different phase shifting methodologies as well as their impact on instantaneous
efficiency calculation is discussed in Chapter 5.
1.2.5 Numerical work on pulsating flow turbine character-
istics
In the 1990s, Chen et al. (1996) conducted a one-dimensional simulation of a mixed
flow turbine under pulsating inlet conditions by considering the volute to be a ta-
pered duct of a certain length, and solved the 1-D unsteady gas dynamic equations.
The rotor was simulated by a quasi-steady flow method where the rotor was treated
as if it behaves exactly as under steady flow conditions at every instant in time. Fur-
thermore, the correct volume of the volute casing was specified by properly defining
the flow area of the pipe. Numerous loss terms, namely circumferential variation loss,
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casing friction loss, incidence loss and other losses were modelled, improving upon
the previous work by Chen and Winterbone (1990). For the inlet boundary condi-
tions, the total pressure was required. Chen et al. (1996) found that the application
of the quasi-steady flow method always underestimated the turbine swallowing ca-
pacity. Despite that, the model developed by Chen et al. (1996) indicated that the
prediction of instantaneous turbine power was in good agreement with experimental
data.
The assumption of quasi-steady flow in the rotor was continued by a one-dimensional
unsteady flow simulation developed by Abidat (1991), Abidat et al. (1998). The un-
steady one-dimensional flow equations in this work were solved in the volute by
a finite difference method using a four-step explicit Runge-Kutta scheme and the
volute exit conditions were provided by the previous quasi-steady assumption in
the rotor. For the inlet boundary conditions, only the total inlet pressure was var-
ied with time whereas other variables such as the total inlet temperature and exit
static pressure area were assumed to be constant during the cycle. Abidat et al.
(1998) also investigated the effect of the frequency and the amplitude of pulse per-
formance of the mixed flow turbine in their work by assessing the departure of
the unsteady characteristic from the equivalent quasi-steady condition. The results
obtained from this work indicated an improved agreement as compared to Chen
et al. (1996). Furthermore, the predictions of averaged mass flow rate and average
turbine output power for different frequencies and amplitudes showed good agree-
ment between the unsteady flow model and the one obtained through a quasi-steady
assumption. Therefore, Abidat et al. (1998) concluded that the quasi-steady flow
analysis was sufficient for a good approximation of the two parameters (averaged
mass flow rate and averaged turbine output power).
Costall et al. (2006) and Costall (2007) developed a one-dimensional model to
simulate pulse flow in a single and twin entry turbocharger turbine with additional
enhancements over the work of Chen et al. (1996) and Abidat et al. (1998). The
configurations of the computational domain of both types of volute are shown in
Figure 1.23. In applying the unsteady boundary condition at the domain inlet,
Costall (2007) utilized a “transmissive” boundary condition that replicates the ex-
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perimental pulse while acting as a non-reflecting boundary condition. This prevents
waves emanating from the interior reflecting at this plane, since in reality the experi-
mental domain extended further upstream. As one would expect, the exit boundary
condition is simply an open end boundary condition that applies the stagnation
pressure and temperature of the surroundings. Costall (2007) utilized the two-step
Lax-Wendroff scheme with the total variation diminishing flux limiter resulting in a
second-order, conservative, shock-capturing finite difference solver.
Figure 1.23: Schematic domain arrangements (Costall, 2007)
Figure 1.24: Turbine performance for predicted and experimental results Costall
(2007)
The single entry model was validated against experimental results at 60 Hz flow
frequency as shown in Figure 1.24. The simple single entry model was able to
successfully predict mass flow and power (see Figure 1.24). As for the twin entry
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model under full admission conditions, there was no clear winner between the single
and twin entry models taking both mass flow and power predictions into account,
hence the single entry would be favoured given its simplicity. Costall et al. (2009)
suspected that incorrect selection of the loss coefficient is the primary source of error
that resulted in under prediction of both parameters. Another important outcome
from the work of Costall et al. (2009) was that there are a few potential improvements
that could further improve the prediction capability of a 1-D model. For instance,
the effect of moving the single rotor inlet station relative to the tongue could be
further investigated and that adding more junctions to permit further locations for
rotor inlet flow and limb interactions could also be studied.
Romagnoli and Martinez-Botas (2007, 2011) took advantage of the wide range
experimental turbocharger turbine map obtained at Imperial College London as a
validation of their one-dimensional model of nozzled and nozzleless mixed-flow tur-
bines. They performed a meanline calculation to predict turbine performance under
steady state conditions and carried out a breakdown of all aerodynamic losses. How-
ever, the prediction of turbine performance across the entire extended experimental
map was challenging. Romagnoli and Martinez-Botas (2007, 2011) found that the
existing loss models failed to provide an accurate prediction in the high velocity
ratio region of the map where an incidence factor had to be included and cali-
brated. Furthermore, the breakdown analysis of losses indicated that the incidence
loss accounted for the largest portion of the energy dissipated (except, as might be
expected, at the peak efficiency). At this condition, the passage loss was higher
due to the high level of kinetic energy; the clearance and disc friction losses only
accounted for less than 3% of the overall energy dissipated.
Recent work by Chiong et al. (2011) involved five models with increasing com-
plexity in order to predict the instantaneous performance of a twin-entry turbine
under full admission 60 Hz pulsating flow. These models consisted of several com-
ponents: the inlet duct, the volute, the turbine wheel and the turbine exit pipe as
shown in Figure 1.25. The variations of geometrical properties of these components
were studied in detail in order to obtain the most accurate predictions. Chiong et al.
(2011) concluded that the varying area ducts has the effect of magnifying the sec-
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ondary fluctuations in mass flow rate prediction. Furthermore, Chiong et al. (2011)
indicated that more experimental data were necessary in order to further improve
the model. Despite that, this study contributed to a deeper understanding of the
assumptions involved in the development of a 1-D model of a turbine subjected to
pulsating flow inlet conditions.
Figure 1.25: Schematics of models with increasing complexity (Chiong et al., 2011)
The application of 1-D models for turbocharger turbines are not only limited
to the performance prediction of the turbine. Many have adopted this modelling
methodology and employed it as a monitoring or a diagnostic tool for a relatively
large turbocharging system. As an example, Barelli et al. (2013) developed a 1-D
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model of a CHP plant to simulate failure conditions of the turbocharged air group
in order to avoid plant stoppage. This work particularly showed that it was indeed
possible to expand the scope of 1-D turbocharger modelling to the larger scale as
long as the model was constantly validated in order for it to remain viable.
There have been multiple attempts to model the full stage turbocharger turbine
using a 3-D CFD approach either to study, to predict or to design a completely
new turbine concept. One of the early attempts was that of Lymberopoulos et al.
(1988) which they utilized a simplified quasi-three-dimensional solution of the Eu-
ler equation. This effectively meant that the radial and tangential components of
velocity were fully solved, but the axial component was only treated to simulate the
mixing of the two streams. The numerical model of the single volute was validated
with experimental results which indicated good agreement. However, the validation
process for the twin entry case was rather limited due to the employment of a coarse
grid in the axial direction. Lymberopoulos et al. (1988) discovered that there were
significant variations in flow properties around the exit circumference of the volute,
particularly at the region close to the tongue due to the recirculation flow.
An example of the full 3-D CFD analysis to assist the development of a tur-
bocharger turbine was demonstrated by the work of Barr and Spence (2008). In
this work, CFD has been used extensively in the development of the back swept
blading for a radial turbine with aimed to improve the off-design efficiency particu-
larly at low velocity ratio (high pressure ratio) operation. The primary finding where
the newly designed turbine indicated 2% more efficiency than its counterpart was
clearly supported by extensive flow field analysis that showed improved flow features
(less flow separation) at the rotor inlet. Furthermore, the CFD simulation of Barr
and Spence (2008) also indicated that the back swept radial turbine performed less
efficiently at high velocity ratio. They later justified the design concept since the
improvement that a back swept blading brought at low velocity ratio outweighed
the performance deficit recorded at high velocity ratio. Moreover, in this work, CFD
was used alongside a preliminary 1-D method as well as finite element analysis in
order to complete the whole design process. Barr et al. (2009) later extended their
work to include experimental validations. However, the experimental data obtained
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could only cover half the operating points and the lowest velocity ratio that was
predicted to have the most significant improvement could not be captured. Despite
that, the advantage of back swept blading was still visible. As the back swept blad-
ing inevitably altered the geometrical properties of the radial blading, one would
expect that the stress would be too high since this turbine was designed for high
pressure ratio conditions. However, the finite element analysis conducted by Barr
et al. (2009) indicated that the stress or fatigue risk of the backswept rotor should
not be worse than for the existing radial rotor.
Figure 1.26: CFD calculations by Barr et al. (2009) showing a smaller separation
region in the backswept rotor(b); SS = Suction Surface, PS = Pressure Surface
As a turbocharger turbine often operates at off-design conditions, Walkingshaw
et al. (2010) conducted a CFD analysis in a turbine that operated at velocity ratios
as low as 0.34. They indicated that the tip clearance vortices that emerged from
the vanes could also have favourable effect on the circumferential incidence angle
distribution. Walkingshaw et al. (2010) indicated that the potential reason for
flow distortion was more likely due to the wake flow originating from the vane
trailing edge. However, within the blade passage, they observed strong separation
on the suction side surface attributed to poor inlet flow alignment and that the flow
struggled to reattach to the suction surface and therefore resulted in negative blade
loading. However, the simulation works that were carried out have not been verified
by experimental results. Walkingshaw et al. (2010) later claimed that a radial rotor
that was not restricted to the radial fibre design could improve the flow behaviour
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during high pressure ratio operation of the turbine.
Tamaki et al. (2008) conducted an investigation about the effect of the tip clear-
ance of a variable area nozzle on the performance of a radial turbine. This work
was properly validated by experimental data (see Figure 1.27). It was deduced from
this simulation that the tip leakage flow of the nozzle was significant only during
the operation where the nozzle is at its smallest opening (see Figure 1.27(a)). As
the nozzle area increased, the effect of tip clearance weakened as indicated in Figure
1.27(b). Tamaki et al. (2008) indicated that the two main flow features that were
observed downstream of the vane rows were the wake flow and the leakage vortex.
During operation where the vanes were set to their smallest opening, the flow angle
calculations downstream of the vanes indicated that the wake flow quickly dimin-
ished and the leakage vortex dominated. This leakage vortex further distorted the
total pressure distribution and flow angle which in turn caused mixing loss down-
stream of the nozzle vanes and the turbine performance to further deteriorate. On
the other hand, as the vanes were set to their largest opening, only the wake flow
was detected and the leakage vortex seemed to be restricted to the region very close
to the shroud wall. Furthermore, Tamaki et al. (2008) also pointed out that the
ratio of the leakage flow rate to the total flow rate was almost proportional to the
clearance at the same nozzle opening. This work also addressed the issue that the
leakage losses that occurred in the nozzle vane stage potentially have a negative
effect on overall engine performance especially during periods of acceleration where
the vane opening is at its smallest.
Although there are many CFD works conducted to simulate the turbocharger
turbine and further its development, realtively little work has been done to simulate
and analyse its pulsating behaviour. Perhaps the earliest successful pulsating flow
CFD simulation work was that of Lam et al. (2002). The main aim of this work was
to demonstrate the capability of CFD to provide a sufficient description of the flow
within the nozzles and the turbine passage. Lam et al. utilized the Multiple Rotat-
ing Frames (MRFs) method which is also known as the ‘frozen rotor’ approach, that
assumes no relative movement between stationary and rotating frames of reference
during the simulations. Lam et al. (2002) also indicated that the MRFs method
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Figure 1.27: Effect of the tip clearance on flow angle distribution at (a) smallest
vane opening and (b) largest vane opening (Tamaki et al., 2008)
was only valid for steady state conditions where the flow at the interface between
stationary and rotating domain is assumed be relatively uniform. For unsteady cal-
culations, the assumption of relatively uniform flow was only valid if the time scale
of the transient effect (pulsating frequency) is relatively large compared to the time
scale of the rotating body (rotor rotation). Therefore Lam et al. (2002) justified
this method for their unsteady calculation since they applied a pulse frequency of
53.33Hz which was much smaller than the turbine frequency of 2267Hz. This work
also highlighted a few difficulties in order to perform and evaluate unsteady turbine
performance. One of the issues was the difficulty of getting the simulation to con-
verge properly therefore only qualitative comparisons could be made. Furthermore,
the complex geometry of the turbine itself presented a difficulty in defining the exact
entry point of unsteady flow at the rotor inlet. Despite that, the work of Lam et al.
(2002) proved that it was possible to further understand the complexity of pulsating
flow by means of full 3-D CFD.
An improved CFD work by employing a sliding interface between the stationary
and rotating domain was carried out by Palfreyman and Martinez-Botas (2002). In
addition, this work also employed a single passage with a refined mesh and periodic
boundary conditions assuming that the flow would behave identically for every pas-
sage. The simulations were extensively validated by the Laser Doppler Velocimetry
measurement work of Karamanis (2000), although there was a localized discrep-
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ancy due to the tip leakage vortex. The work of Palfreyman and Martinez-Botas
(2002)allowed details of the flow field to be captured and analysed. Furthermore,
this work also indicated that the main source of secondary flow was the tip clearance
flow. In addition, Palfreyman and Martinez-Botas (2002) took advantage of their
CFD technique to perform comparisons between the flow fields within mixed flow
and radial turbines. It was found that the mixed flow turbine has an advantage over
the radial turbine in that the mixed flow turbine has a smaller region of entropy
generation close to the suction surface tip. This was attributed to a large range of
vorticity concentrated near the shroud wall of the radial turbine due to the sudden
turning of the streamlines in the meridional plane from the radial to axial direction.
Chen et al. (2008) conducted another CFD simulation in order to investigate the
flow structure within the rotor stage of a highly loaded turbine (high pressure ratio
operation). This investigation utilized a single passage simulation, allowing greater
mesh density (close to 800k nodes) thus more flow details could be made visible
for analysis. Chen et al. (2008) also found that the tip leakage only contributed a
small proportion of the vortex that existed within the blade passage. They indicated
that only a little fluid was driven from the pressure side to the suction side through
the tip gap due to the high relative velocity of the shroud. This finding seems to
be contradictory to that of Palfreyman and Martinez-Botas (2002) who observed a
significant contribution of the tip leakage to the overall generation of the secondary
flow. However, the major difference in these works was that Chen et al. (2008)
focused on the simulation of the turbine operating under high pressure conditions
whereas Palfreyman and Martinez-Botas (2002) were simulating the turbine at its
design condition. Chen et al. (2008) also concluded that the secondary flow structure
within the turbine passage is highly three-dimensional as an inevitable result of the
tip leakage vortex, the horseshoe vortex, and the corner vortex that dominated the
inducer region.
Palfreyman and Martinez-Botas (2005) later extended their work by including
the pulsating pressure profile as the boundary condition at the domain inlet where
all the components are modelled (see Figure 1.28). The main feature of this sim-
ulation is that the interface between stationary and rotating domain was defined
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Figure 1.28: Inlet, exit and sliding boundary conditions, (Palfreyman and Martinez-
Botas, 2005)
Figure 1.29: Pressure at the center of the volute at given azimuth angles (a) ex-
periment, (Karamanis, 2000) and (b) predicted (Palfreyman and Martinez-Botas,
2005)
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as a ‘sliding-plane’ where there were relative motion between the domains on both
sides of the interface at each time steps. Moreover, Palfreyman and Martinez-Botas
(2005) indicated that the employment of this method ultimately improved the model
capability to capture the hysteresis loop of mass flow rate and efficiency appropri-
ately without the degree of damping observed by Lam et al. (2002). The predicted
static pressure at several locations within the domain also compared well with the
experimental data (see Figure 1.29). The results of this work indicated that the flow
field in the turbine passages is highly disturbed, and that the effect of the blades
passing the volute tongue had most effect in the inducer region. Furthermore, Pal-
freyman and Martinez-Botas (2005) also concluded that the poor flow guidance
observed particularly at the inlet and exit of the turbine was due to the assumption
of quasi-steady conditions during the design stage of the particular turbine rotor.
A study of the effect of variation in flow profile at the inlet boundary of the
computational domain on the turbine performance was conducted by Hellstrom and
Fuchs (2008). This simulation work revealed that the existence of highly disturbed
flow at the turbine inlet could have the effect of reducing turbine shaft power output.
However, the work of Hellstrom and Fuchs (2008) was not properly validated due to
difficulties in obtaining the actual inlet disturbance during experimental measure-
ments. Nevertheless, this investigation yielded important qualitative information
regarding the mechanisms for the reduction of shaft power. Firstly, the perturba-
tions at the inlet resulted in the reduction of the turbine power output since the
flow velocity is reduced before entering the turbine wheel due to excessive pressure
losses. Secondly, the induced swirling increased oscillations in the secondary flow
at the inlet of the rotor due to the the existence of counter-rotating vortices in the
volute. This behaviour ultimately resulted in unfavourable radial velocity distribu-
tions, in turn reducing the power generation capability of the turbine. Furthermore,
their investigation regarding the tip clearance revealed that the strength of the tip
vortices only has a secondary effect on the shaft power. This observation matched
the observation made earlier by Chen et al. (2008).
Hellstrom and Fuchs (2009) later extended their work to include a relatively large
domain (see Figure 1.30) of an exhaust manifold upstream of the turbine housing in
1.2. Energy recovery through turbocharging 67
Chapter 1. Introduction and literature review
Figure 1.30: Numerical domain used by Hellstrom and Fuchs, 2009
order to investigate engine-realistic flow perturbations at the volute inlet. Despite
lacking the experimental data for validations, Hellstrom and Fuchs (2009) pointed
out that the shaft power is lower during the acceleration phase of the mass flow
compared to the deceleration phase. They also claimed that the geometry upstream
of the turbine has a large effect on turbine behaviour and that the minimal phase
shift of only 40 was recorded possibly due to the large manifold volume acting as a
reservoir. Furthermore, a particularly interesting observation was that the instan-
taneous mass flow rate experienced a substantial drop right where it was expected
to peak. This behaviour was associated with the back flow that occurred due to the
interaction of multiple exhaust manifold branches. Moreover, Hellstrom and Fuchs
(2009) indicated that the axial velocity leaving the exhaust manifold deviated sub-
stantially from a uniform pipe flow and that strong secondary flows were present.
However, these observations were limited only to the particular configuration of the
exhaust manifold in question and therefore the data obtained would not be valid for
comparison against other turbines.
More recent work on pulsating flow 3D simulation was conducted by Copeland
et al. (2012) on the double entry turbine. This work attempted to characterize the
level of ‘unsteadiness’ within the turbocharger turbine stage by defining a parameter,
Λ, that represents the ratio of the time-averaged rate of change of the mass flow
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within the domain to the time-averaged through flow mass. Therefore the flow inside
the domain is considered steady when the Λ value is 0 and that that it is unsteady
when Λ is 1. This work also hinted that the rotor stage is not wholly quasi-steady
but is insignificant enough as compared to the volute stage. The definition of Λ is
useful since it depends not only on the flow frequency but also its amplitude. As
such, this parameter is employed in this thesis to aid analysis in Chapters 4 and 5.
Building on the work of Copeland (2009), Newton (2014) investigated different
vane geometries to obtain the best arrangement to suit unsteady flow operation,
through a combination of numerical and experimental work - the 3D models were
fully validated with excellent agreement in instantaneous mass flow predictions. Per-
haps the most interesting part of this work is the comparison between steady and
unsteady loss generation. Newton (2014) concluded that the overall entropy gener-
ation in the pulsating case was 1.66% higher than the corresponding steady state
condition, and could be attributed primarily to an increase in entropy generation
in the nozzle-rotor interspace region. Newton (2014) also supported the findings of
Copeland et al. (2012) that the rotor is not completely quasi-steady but remains
very close to it.
Although much CFD work have been carried out over the years, the number
of simulations conducted to investigate turbine performance under pulsating flow
conditions are still very limited. This is likely due to the expensive computational
cost as well as the difficulties in obtaining experimental data for validation purposes.
Without further full 3D simulations to investigate the phenomena, it is unlikely
that the design of turbocharger turbines that take advantage of pulsating flow will
improve. With the promising advantage of the mixed flow turbine to operate more
efficiently at high pressure ratio, and with the addition of the novel guide vanes that
geometrically matched the turbine inlet (Rajoo, 2007), it is necessary to investigate
in greater detail the flow field within this particular turbine stage. The availability
of experimental data as well as the advancement of computing facilities (e.g. parallel
processing across multiple cores) have prompted the commencement of the current
research project. To the author’s knowledge, such simulations of a single entry,
leaned vane, mixed flow turbine do not yet exist and as such suggest the novelty of
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the current research.
1.3 Research objectives
The main objectives of this research are:
• To construct a validated numerical model that is able to simulate
turbine operation under pulsating flow conditions
• To perform detailed analysis on the flow behaviour within the tur-
bocharger turbine stage under pulsating flow conditions
• To develop and test a highly efficient turbine stator concept in both
steady and pulsating flow environments
1.4 Research scope
To achieve these objectives, this research focuses on the simulation of a single entry,
lean vaned, mixed flow turbine. The selected turbine, designated ‘Rotor A’, was
originally designed by Abidat (1991) at Imperial College London. This turbine is
used together with the previously modified Holset H3B volute to accommodate the
lean vanes designed by Rajoo (2007). The simulation work also employs rigorous
validation procedures in order to gain confidence in the accuracy of the model. As
there have been arguments with regards to the most appropriate phase shifting
procedure, this work also assesses multiple phase shifting techniques and explains
their advantages and disadvantages. Furthermore, this research provides a detail
analysis of the flow field behaviour within the turbocharger turbine stage for both
steady and unsteady simulations. It also brings together direct comparisons of the
flow field between steady and unsteady inlet flow conditions at a similar pressure
level. Moreover, this work presents comparisons of flow angle distributions at the
turbine leading edge between different flow frequencies.
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The next stage of this research concentrates on the development of a novel con-
cept which involves aggressive reduction of the number of vanes. This requires
experimental work to be done in order to prove the effectiveness of the new design
in both steady and unsteady conditions, using both vaneless and vaned (original
geometry) geometries as baselines for comparison.
1.5 Thesis outline
This thesis consists of six chapters:
CHAPTER 1 Introduction and Literature Review This chapter presents a thor-
ough research background as well as its aims and objectives. A clear motivation
for the current research that highlights the worldwide CO2 emissions as a direct
contribution from the automotive sector that could be as high as 22%, is discussed.
A comprehensive review of the work by previous researchers that are pertinent to
this research are included to establish a clear research particularly in the area of
turbine wheel performance characteristics under pulsating flow conditions.
CHAPTER 2 Experimental Methodology The experimental setup for both steady
and pulsating flow conditions are described in detail within this chapter. Since the
experimental rig available for turbocharger testing at Imperial College London is a
cold flow facility, the principal of similarity is also explained. All measurements of
parameters that are required to obtain actual and isentropic power as well as a few
other additional parameters for model validation are described in detail, including
an uncertainty analysis.
CHAPTER 3 Simulation Methodology This chapter aims to provide a background
on the Computational Fluid Dynamics (CFD) approach taken during the current
research. A brief description of Reynolds-Averaged Navier-Stokes (RANS) methods
as well as the associated closure problem is included. Furthermore, the employment
of the k-epsilon turbulence model to enable closure of the RANS equations, together
with its advantages and limitations are detailed. Subsequently, this chapter provides
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a thorough description of the development of a full stage three-dimensional CFD
model from the geometry creation through the generation of computational results.
CHAPTER 4 Steady flow turbine operations This chapter begins with the vali-
dation exercises using the turbine efficiency and its swallowing capacity. The sub-
sequent analysis details the flow field behaviour within the turbocharger turbine
under steady flow conditions. A baseline analysis is conducted at optimum condi-
tion and the deviation of flow field when turbine is operating at off-design condition
is presented.
CHAPTER 5 Pulsating flow turbine operations Following chapter 4, this chap-
ter details the comparison between steady and pulsating turbine operations. This
chapter also presents the flow field analysis at different flow frequencies with the
particular focus on the flow angle distributions across the stator and rotor inlet cir-
cumference. The measure of turbine ’unsteadiness’ using Lambda parameter, Λ, is
presented for all the calculated cases.
CHAPTER 6 Efficiency improvement through aggressive nozzle vanes reduction
This chapter presents the background and development of a novel concept of nozzle
arrangement, which is experimentally proven to provide similar or better perfor-
mance than the baseline arrangements (vaneless and full vaned). The efficiency
improvements are not only recorded during steady state conditions, but also during
pulsating flow.
CHAPTER 7 Closure The final chapter of this thesis provides the overall conclu-
sions of the work as well as further recommendations for future work.
1.6 Research tasks
Task 1 Development of a three-dimensional computational model that incorporates
the entire turbocharger turbine stage that matches the geometry of the experimental
rig available at Imperial College London. The exact geometrical match between the
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numerical model and the actual rig will enable a direct comparison of turbine wheel
performance especially for model validation purposes. Particular attention is given
to geometrical details such as the tip clearance gap of the rotor and vane blades
where the position of the physical device after assembly is modelled rather than its
ideal geometry.
Task 2 Execution of experimental work in order to obtain necessary measurements
for model validation. More specifically it ensures continuation as well as validity of
the previously available data for a similar turbine configuration. The experimental
uncertainties are properly recorded during execution of this task therefore any in-
consistencies during the validation procedure with the numerical predictions can be
traced accordingly to either the model or an issue with the experimental data itself.
Task 3 Analysis of the available experimental and numerical data for both steady
and pulsating flow turbine operation. This task involves a large database mainly
of computational results for pulsating flow conditions that requires almost 4TB of
storage in total. Eight cases of pulsating conditions - two speed lines (30000 rpm
and 48000 rpm) and four frequencies (20, 40, 60 and 80Hz), were calculated. It is
therefore a lengthy process and the results obtained from this task contribute to a
significant proportion of this thesis.
Task 4 Development and experimental evaluation of a novel stator concept involv-
ing aggressive reduction of the number of nozzle vanes. The theoretical development
of the concept emerged from detailed analysis of the massive amount of CFD infor-
mation from Task 3. This task requires modifications to be made only to the vane
blade number and their arrangement. Meanwhile, other components such as the
inlet duct, the volute as well as the rotor remain the same in order to be able to
directly compare the performance of this new concept to the original design.
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2.1 Introduction
The turbocharger facility available at Imperial College London was originally de-
veloped by Dale and Watson (1986). Since then, the facility has undergone many
modifications by Baines and Lavy (1990), Abidat (1991), Arcoumanis et al. (1995),
Hakeem et al. (2007), Karamanis et al. (2001) and Pesiridis (2007) with the primary
aim to provide accurate measurement of highly pulsating flow parameters, as well as
flow visualization and to accommodate different type of turbine wheel such as mixed
flow turbine. Perhaps, the most important advancement of the facility is the ad-
dition of the Eddy Current Dynamometer developed by Szymko (2006) to measure
the turbine power output. This enables up to three times wider turbine operating
range map to be produced as compared to the use compressor as the loading device.
This chapter intends provides a detailed description of the turbocharger test facil-
ity arrangement and instrumentation that are pertinent to this research project.
Furthermore, certain fundamental aspects with regards to similarity theory and
dimensional analysis are also discussed. Subsequently, in order to gain enough con-
fidence about the measured parameters, uncertainty analysis is also discussed in this
chapter.
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2.2 Dimensional analysis and similarity approach
In the pursuit of understanding turbine performance parameter, it is useful to be able
to compare turbine performances regardless of its dimensions and flow conditions.
Therefore, all the physical parameters associated with turbine operation need to be
reduced to either completely non-dimensional or semi-dimensional. With reference
to Watson and Janota (1982), the relevant parameters that are directly involved in
the definition of turbine efficiency and mass flow rate are;
efficiency, η
mass flow rate, m˙
= f

static outlet pressure, P5
total inlet temperature, T01
turbine rotational speed,N
turbine inlet diameter,D
gas constant, R
specific heat ratio, γ
dynamic viscosity, µ

(2.1)
The parameters above can be reduced further to a set of non-dimensional groups
using the principles of the Buckingham pi Theorem. The resulting function is,
m˙
√
RT01
P01D2
, η = f
(
ND√
RT01
,
P01
P5
,
m˙
µD
, γ
)
(2.2)
The Reynolds number of the gas does not contribute to significant change in machine
performance, and since the rotor inlet diameter for the current test rig is constant,
both parameters can be excluded from the function. Furthermore, the specific heat
ratio, γ and gas constant, R are always predefined according to the type of working
fluid. These result in further reduction of original function to,
m˙
√
T01
P01
, ηts = f
(
N√
T01
,
P01
P5
)
(2.3)
where m˙
√
T01
P01
and ηts are known as quasi-nondimensional mass flow parameter and
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total-to-static efficiency respectively. In addition, it is common practice to plot the
efficiency against velocity ratio Dale and Watson (1986). Velocity ratio is defined
as the ratio between the blade tip speed, U and the isentropic velocity, Cis,
V elocity Ratio, V R =
U
Cis
(2.4)
The isentropic velocity, Cis is defined as the velocity that the working fluid would
achieve if the isentropic expansion over a particular pressure ratio occurs across the
turbine stage. Therefore, for the current research, the turbine performance maps
are evaluated using the mass flow velocity vs. pressure ratio plot and the efficiency
vs. velocity ratio plot.
In order to conduct the test in cold-flow condition, few parameters are required to
be scaled to reproduce the actual performance during hot engine operation. The
similarity approach indicated by Gaussman in 1972 enables direct comparison of
hot and cold flow testing condition by matching the mass flow parameter and speed
parameter accordingly. For similar pressure ratio between actual and testing condi-
tion, the similarity approach provides the corresponding mass flow rate and turbine
speed for cold-flow testing
(
m˙
√
T01
P01
)
test rig
=
(
m˙
√
T01
P01
)
actual
(2.5)
(
N√
T01
)
test rig
=
(
N√
T01
)
actual
(2.6)
By following the above discussion, the necessary parameters required for calculation
of the turbine performance are the mass flow rate, inlet total pressure, inlet total
temperature, turbine speed and torque. For the steady flow experiment, the ambient
pressure is assigned as the static pressure at turbine outlet.
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2.3 Test-Rig arrangements
The turbocharger test facility at Imperial College London assembly consists of a
series of components, starting with the supply air compressor, main and safety
valves, heaters, orifice plate, pulse generator, measurement plane, turbine assembly
and eddy current dynamometer. The 3-D representation of the test rig is shown in
Figure 2.1. The air supply for the test rig originated from three Ingersoll Rand screw-
type compressors, with maximum capability to deliver air up to 1 kg/s at maximum
pressure of 5 bar (absolute). The air is then filtered through a three-stage cyclone.
Downstream of the filters are two computer-controlled valves where one is used for
regulating the mass flow into the turbine and the other acts as a safety valve. The
shutdown of the safety valve is triggered by activation of ‘guillotine valve’ in the
event of emergency. Subsequently, the airflow is directed through a set of heaters
where the temperature is raised and maintained during testing in order to prevent
condensation of the air during expansion in the turbine.
Immediately downstream of the heater, the warm airflow is branched into two
81.4mm diameter pipes, namely the outer limb and the inner limb based on their
relative position as illustrated in Figure 2.1. These pipes stay separated up to the
measurement plane, thus allowing not only single entry turbine to be tested, but
also twin and double entry turbines. Orifice plates were installed on both limbs in
order to measure the airflow mass flow rate. The airflow is then directed through
the pulse generator originally designed by Dale and Watson in 1986. The pulse
generator consists of two specifically designed rotating cut off plate, namely the
chopper plate, in order to replicate the actual shape of pulsating pressure profile
coming out from the exhaust valve of an engine. These rotating plates are driven
by a computer-controlled motor that allows users to control the airflow pulsating
frequency that goes into the turbine whether the pressure profile on both limbs
are in-phase of out-of-phase. Downstream the pulse generator is the measurement
plane where all averaged and instantaneous flow parameters are recorded. These
include high response pressure transducers, static pressure tappings, thermocouples
and hotwire traversing system for instantaneous mass flow measurement. The con-
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necting duct then connects the measurement plane and the volute inlet. This duct
could be a converging duct to converge the flow from two separate limbs into a
single entry volute as used in this research, or it could also keep the flow separated
into the multiple entry volute. The turbine assembly is attached to an eddy cur-
rent dynamometer capable of extracting power up to 60 kW. The dynamometer is
heavily water-cooled in order to quickly dissipate the heat generated due to power
absorption from the turbine. Apart from its primary purpose to measure the turbine
torque, the dynamometer is also equipped with the optical speed sensor for turbine
speed measurement.
Figure 2.1: Schematic of turbocharger test facility at Imperial College London
2.3.1 Test-Rig instrumentation
As previously explained on section 2.2, the required parameters for calculation of
the turbine performance are;
• Mass flow rate
• Pressure
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• Temperature
• Rotational speed, and
• Power
All of these parameters are measured during both steady and unsteady testing.
This section intends to provide detailed explanation about measurement strategy
that allows every one of these parameters to be determined.
2.3.1.1 Mass flow rate
Steady flow condition. The mass flow rate for both limbs during steady state testing
are measured using a McCrometer v-cone flow meter (see Figure 2.2). This is a
differential type flow meter. Therefore, it requires measurement of the differential
pressure between the high and low pressure ports and the measurement of the abso-
lute pressure in the high pressure port. The measurement of gas temperature is also
required. For this purpose, the differential pressure is measured using a Siemens
Sitrans P DSIII differential pressure transmitter. This transmitter sent the elec-
tronic signal that varied linearly with pressure. This signal was fed directly to the
analogue input Fieldpoint module, FP-AI-110. Meanwhile, the absolute pressure
was measured using the scanivalve and the air temperature was measured using an
E-type thermocouple. Equation 2.7 is used to calculate the final mass flow rate.
Figure 2.2: V-cone flow meter geometry, installation, operation and maintenance
manual, McCrometer, 2013
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m˙ =
√
ρFaCdY k1
√
∆P (2.7)
where ρ is the density, ∆P is the differential pressure across the ports, Fa is the
material thermal expansion factor, k1 is the flow coefficient, Y is the gas expansion
factor and Cd is the discharge coefficient.
The material thermal expansion factor was dependant on temperature and the ther-
mal expansion coefficient of the v-cone material but typically deviated by less than
0.1% from unity. The gas expansion factor, Y , is found by Equation 2.8.
Y = 1− (0.649− 0.696β4) U1∆P
γP
(2.8)
where U1 is a unit conversion constant prescribed by McCrometer. β is the beta-ratio
and is a function of the v-cone geometry
β =
√
1− d
2
D2
(2.9)
where d is the inside diameter of the pipe and D is the outside diameter of the
v-cone. The beta-ratio for the v-cone units used to measure the mass flow rate in
each limb was 0.447. The flow constant, k1 in Equation 2.7 is a function of the
pipe size and the beta-ratio. Both v-cones used during testing had a flow constant
of 0.0139. For the discharge coefficient, Cd, the calibration sheets supplied with
the v-cones (see Appendix A) indicated that a constant value is to be used for the
current testing conditions. Therefore the values of 0.8385 and 0.8472 were used for
the two v-cones.
Pulsating flow condition. The instantaneous mass flow rate during pulsating flow
testing is measured using a constant-temperature hot-wire anemometer (CTA) which
is installed at the measurement plane. The CTA used the platinum plated tung-
sten wire with 10µm diameter coupled to the StreamLine CTA system by Dantec
Dynamic. A CTA is effectively a Wheatstone bridge. The working concept of CTA
2.3. Test-Rig arrangements 80
Chapter 2. Experimental methodology
is such that the appropriate current is applied to balance the voltage of the bridge
so that the sensor resistance, thus the temperature is kept constant. The current
is controlled very precisely by a servo amplifier. Any high frequency fluctuation
that occurs within the airflow that affects the sensor can therefore be detected by
combination of both low thermal inertia of the sensor and the high gain of the servo
loop amplifier. Therefore, the voltage required to balance the bridge is directly re-
lated to the velocity of the flow. King’s Law (King (1914), Lomas (1986) and Brunn
(1995)) provided relationship between the voltage and velocity in the form of Nusselt
number (heat transfer and wire geometry dependant) and Reynolds number (flow
velocity and wire geometry dependant), and the relationship is given in Equation
2.10.
Nu = a+ bRe0.5 (2.10)
where a and b are constants. In order to accurately measure the instantaneous mass
flow rate, the hotwire is traversed in the plane perpendicular to the flow direction.
This covers 36 measurement points where the traversing mechanism and its control
system was designed and built in-house in accordance to British Standards (BS1042,
1983).
Calibration of CTA. The CTA was subjected to two-stage calibration. For the first
stage, the CTA was calibrated using the calibrator provided by Streamline capable of
providing jet stream air velocity from 0.02 m/s to 300 m/s. There are two purposes
of using this calibrator, one is of course to obtain the constants for King’s Law
and the other is to ensure that the tungsten wire is properly attached to the CTA.
The latter was achieved by subjecting the hotwire to maximum air velocity for 3
to 5 minutes. The calibration was done by recording the voltage for 15 points at
air velocity between 3 m/s to 300 m/s at room temperature of 240C. The static
temperature of hotwire sensor varies with Mach number. To compensate for the
difference in the original temperature and the temperature on the testing day, the
flow unit was corrected and used in the second stage as the reference temperature.
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The transfer function (see Equation 2.11) that was established by King’s Law is
used to fit the calibration curve where all the constants can be determined. The
typical value for the calibration constants is 4.61, 2.06 and 0.46 for Acalib,Bcalib and
n respectively.
E2 = Acalib +Bcalib(ρU)
n (2.11)
where E is the CTA voltage (volts), A,B, n are the power law coefficients and ρU
is the mass flux per unit area(kg/m2 · s)
The hotwire is then installed into its traversing system and is traversed to its 36 des-
ignated positions while the air is flowing. The 36 points readings are then converted
into mass flux using Equation 2.11 above. Subsequently all 36 points readings are
integrated in accordance to British standard BS1042, 1983. The integrated mass
flux was converted into instantaneous mass flow rate by multiplying it with the duct
area at measurement plane (see Equation 2.12)
m˙ = (ρU)i · Ameas plane (2.12)
During unsteady testing conditions, the temperature is known to fluctuate heavily
and away from the calibration temperature, thus demanding second stage of hotwire
calibration at actual warmed air operation. The StreamLine CTA system was setup
to run on constant over-heat ratio during both calibration process and the actual
testing (different temperature on both). Therefore the measured raw data were
corrected for temperature. The fluid properties which affect the hotwire reading are
the Prandtl number (Pr), thermal conductivity (k), dynamic viscosity (µ), density
(ρ) and the Mach number (M). The effect of these properties with temperature
was assessed and used to amend the calibration factors (Acalib and Bcalib) during
unsteady testing. These corrected factors were then integrated into Equation 2.11
and 2.12 to solve for the mass flow rate.
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Figure 2.3: Flowchart of instantaneous mass flow rate measurement
2.3.1.2 Pressure
Steady flow condition. The static pressure was measured through static-hole tap-
ping perpendicular to the flow direction at desired points such as orifice plate and
measurement plane. These holes are pneumatically connected to a rotary-switch,
Scanivalve which was coupled with two strain gauge pressure transducers. One
of the transducer (Druck PDCR 23D type) is for high pressure range of ±3.5 bar
(gauge) with uncertainty of ±0.02% FS (±90 Pa) while the other transducer (Druck
PDCR 22 type) is for low pressure range of ±0.35 bar (gauge) with uncertainty of
±0.008% FS (±36 Pa). A signal amplifier model Flyde FE-351-UA Uni-Amp is used
altogether with a signal conditioning model, Flyde FE-492-BBS Mini-Bal to obtain
the signal from the transducers. The output of the transducer-conditioner-amplifier
modules are connected to the National Instruments FieldPoint analogue input mod-
ule NI-FP-AI-110 on the data acquisition system. Meanwhile, the rotary switch on
the scanivalve itself is controlled via National Instruments FieldPoint digital output
module NI FP-DO-401 and its channels are monitored via digital input module NI
FP-DI-330. These analogue and digital channels were remotely connected to the
control desktop located just outside the test rig cell via Ethernet connection. An in-
house built LabView program sequentially switches the Scanivalve channels during
the test-logging period to obtain all the relevant static pressure of the flow.
Pulsating flow condition. The instantaneous static pressures are recorded at the mea-
surement plane and at the rotor exit. At the measurement plane, two high-response
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Schaevitz type P704-0001 strain gauge pressure transducers are used obtain the
static pressure readings for both limbs. The transducers are capable of measuring
the pressure range of 0-3.45 bars (gauge) with 0.059% FS maximum deviation. To
reduce the pulsation effects (Winterbone et al. 1991), the transducers are mounted
close to the duct wall with appropriate tapping geometry. The air passage length
from the flush-inner face of the duct to the surface of the sensor is 33mm. The cor-
responding Helmholtz resonant frequency for the passage length is approximately
2800Hz. Therefore, given that even the maximum pulsating frequency that is ex-
perienced during testing is less than 20% of the resonant frequency, the Helmholtz
effect on the pressure reading can be assumed to be negligible. At the rotor exit, a
SensorTechnics high response strain gauge transducer mode 19C 50P G 7 K is used
to obtain the static pressure measurement. It has a range of 0-3.45 bar (gauge) and
maximum deviation of 0.009% FS.
Apart from the required pressure measurement for calculation of the turbine perfor-
mance, several other pressure sensors were installed on the volute circumference in
order to monitor the pressure pulse propagation within the volute. All the pressure
transducers are connected to individual signal conditioner as explained in steady
flow pressure measurement section. The output of the conditioner-amplifier module
was connected to the high-speed analogue-to-digital PCI card, NI 6034E by Na-
tional Instruments. All the transducer-conditioner-amplifier output was referenced
to a trigger pulse from the pulse generator via the shaft encoder in order to ensure
that all pressure reading as well as the other recorded parameters was in similar
time phase. The recording processes are done using in-house programmed LabView
software.
Calibration. In order to establish proper transfer function for each transducer from
voltage to gauge pressure, a calibrator unit Druck DPI 610 was utilized where a linear
correlation was obtained. The maximum deviation of the calibrator is < 0.025% FS.
For the conversion from static to absolute pressure, an atmospheric pressure during
day of testing was specified.
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2.3.1.3 Temperature
Steady flow condition. For steady condition, the temperature required for calculation
of turbine performance involves only the temperature at the turbine inlet, that
is, the measurement plane. However, a few more thermocouples are installed on
the test rig for monitoring purposes. For instance, in order to keep the airflow at
elevated and constant temperature to prevent condensation due to expansion in the
turbine, thermocouples are also installed at the heater. Three different types of
thermocouples were used during testing: E-type, K-type and T-type. In order to
measure the temperature of a moving fluid, significant attention has to be given to
the incompressibility effect. The influence of compressibility on Mach number causes
the measured temperature to fall between the static (Ts) and total temperature (T0),
therefore demanding the employment of a recovery factor. However, at low Mach
number (< 0.3), Yahya (1982) has demonstrated that the compressibility effect is
not significant, therefore the measurement does not have to be corrected. Therefore,
since the thermocouples located upstream the orifice plate are subjected to low
velocity airflow, the static temperature are measured directly without any recovery
factor. On the other hand, at the measurement plane, the Mach number of the
airflow has increased thus compressibility effect has to be considered. The recovery
factor is defined in Equation 2.13 and the corresponding corrected static pressure is
given in Equation 2.13.
r =
Tmeas − Ts
T0 − Ts (2.13)
Ts =
Tmeas
1 + r
(
γ−1
2
)
M2
(2.14)
where r is the recovery factor of both thermocouples used at the measurement plane
and Tmeas is the original temperature reading of the sensor. The recovery factor was
predetermined where the thermocouple is immersed in a wind-tunnel where the flow
is accelerated gradually and the total temperature and pressure are measured at the
plenum before the test section while the corresponding static values are measured
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at the test section.
Pulsating Flow Condition. The pulsating nature of airflow passing through the
thermocouples requires evaluation of instantaneous static temperature by the isen-
tropic relationship between the pressure and temperature. The instantaneous static
temperature are evaluated by Equation 2.15.
Ts,inst = Tmean
(
Ps,inst
Pmean
) (γ−1)
γ
(2.15)
where Ts,inst is the instantaneous static temperature, Tmean is the time-mean static
temperature measured using the T-type thermocouple, Ps,inst is the instantaneous
static pressure measured using high-response pressure transducer and Pmean is the
time-mean pressure measured using static pressure tapping.
Calibration. The thermocouple calibration procedure is described in Hakeem and
Khezzar (1994). All the thermocouples were calibrated at the freezing (273.15 K)
and boiling point (373.15 K) of water with an additional room temperature point
(293 K). Local pressure variations were taken into consideration in cases where it is
necessary. A mercury bulb thermometer with a resolution of 0.1 K was used for the
room temperature point calibration. Repeated calibration test shows temperature
reading repeatability within ±0.4 K.
2.3.1.4 Rotational speed
Measurement of the rotational of the turbine is made using a reflective optical-switch
of type Omron EE-SX4101 with integrated amplifier. The speed sensor, which is
attached into the dynamometer, is an infra-red optical sensor which is triggered by
a 10-toothed wheel mounted on the turbine shaft.
Steady Flow Condition. In steady flow testing, the 10 pulses per revolution (as a
result of 10-toothed wheel) produced by the optical sensor are ’de-rated’ to a single
pulse. The single pulse is then used as a digital gate for a 16MHz clock in a 16-
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bit counter. The time for one revolution of the turbine wheel is measured, and
subsequently converted into DC voltage. The output is such that the increasing
speed results in decreasing output voltage. The output of the counter is connected
to the National Instrument FieldPoint analogue input module NI FP-AI-110, which
is then recorded during the testing. Plot of the rotational speed in RPS versus
voltage is illustrated in Figure 2.4.
Figure 2.4: Turbine rotational speed as the function of the 16-bit counter input
(Extracted from Rajoo, 2007)
Calibration. The transfer function relating turbine speed and output voltage as
calibrated using a 5 kHz square wave signal generator as replacement to the optical
sensor output that correspond to 500RPS turbine speed. The speed reading from the
circuit shows the accuracy of 500±0.017 RPS. To constantly check the calibration
point, the turbine speed was directly monitored by FFT analysis of the vibration
signal from the turbine. The first harmonic which corresponds directly to the turbine
speed is tracked, in which for both cases the turbine speed match each other with
consistent accuracy.
Pulsating Flow Condition. Since the actual instantaneous power depends heavily
on instantaneous torque, thus the rotational acceleration, it is crucial to resolve
the signal output from the optical sensor. For this purpose, the 10 pulses signal
output was not de-rated but is kept as 10 pulses and is used as a gate for an internal
reference 20MHz clock. Hence the time required for the turbine shaft to rotate for
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Figure 2.5: Main components of the eddy current dynamometer (Extracted from
Szymko, 2006)
Figure 2.6: Turbine rotational speed (Extracted from Szymko, 2006)
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a given angle can be obtained and the angular acceleration can be evaluated. In
order to keep the measurement in phase with other parameters, output pulses from
the optical sensor was referenced to a trigger mark from the pulse generator via the
shaft encoder.
Calibration. For the pulsating condition, the calibration is required mainly to incor-
porate the irregularity in manufacturing of the tooth since the angular gap might
not be completely even for the whole circumference. For this reason, Szymko (2006)
recorded the 10 pulses output instantaneously while the turbine is rotating at steady
speed. This allowed a distinct patent of every 10th pulses to be seen as indicated in
Figure 2.6. Therefore, the dynamic angle θn between each tooth could be calculated
based on the i-th segment of angular speed (ωi) and per-revolution averaged angular
speed (ωmean) as given in Equation 2.16.
θn =
ωi
ωmean
2pi
10
(2.16)
The evaluation of dynamic angle θn in Equation 2.16 has resulted in an improvement
of measurement uncertainty from ±7.85 RPS to ±0.16 RPS
2.3.1.5 Power measurement
As explained earlier in this chapter, the eddy current dynamometer is currently em-
ployed for measuring power generated by the turbine. This allows broader range
of operating condition to be evaluated as compared to the conventional compressor
as the loading device. The employment of eddy current dynamometer also offers
improvement to overcome inertia issue by the hydraulic dynamometer. The per-
manent magnet eddy current dynamometer used in this research was developed at
Imperial College by Szymko (2006). It provides braking to the turbine wheel us-
ing principle of eddy-current by incorporating 14 ground Neodymium-Iron-Baron
magnets of 12mm depth onto a rotor. The arrangement is such that the magnet
rotates together with the turbine wheel while co-axially spins to a set of stationary
plates known as the stators. Two stators are used and are located at both sides
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of the magnet (see Figure 2.5). These stator plates are heavily cooled to dissipate
heat and their temperatures are consistently monitored throughout the experiment.
Both stators are attached to the main body of the dynamometer which sits on a set
of gimbal bearing held by a load cell coupling. Therefore, reaction of the torque that
originated from the shaft that is transferred to the main body and subsequently the
load cell could be measured directly.
Steady flow condition. In steady state condition, the torque (τ) was measured di-
rectly from the dynamometer reaction exerted by the load cell. The torque is mea-
sured with a cantilever beam load cell of type Tedea Huntleigh 1040-I-20 and the out-
put of the load cell is connected to Flyde FE-492-BBS Mini-Bal bridge conditioner
and Flyde FE-351-UA Uni-Amp amplifier modules. The signal is then connected to
National Instruments FieldPoint analogue input module NI FP-AI-110. With the
value of rotational speed (N) available from optical speed sensor, the actual power
of the turbine wheel is obtained by Equation 2.17.
W˙act = 2piNτ (2.17)
Pulsating flow condition. Under pulsating flow condition, the instantaneous torque
is required in order to calculate instantaneous turbine performance. This is achieved
by considering the instantaneous torque, τinst as the summation of mean, τmean and
fluctuating torque, τfluc
τinst = τmean + τfluc (2.18)
The fluctuating torque is obtained by the product of the rotor angular acceleration
(α) with its polar moment of inertia (I) as given in Equation2.19. On the other
hand, the mean torque is obtained by using procedure described in steady flow
condition.
τfluc = I · α = I · dω
dt
(2.19)
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The first derivative of the angular speed in Equation 2.19 corresponds to the acceler-
ation of the rotating component and it is calculated with the first central difference
numerical technique.
Calibration. For obtaining the transfer function of the load cell torque to the voltage,
static torque calibration was conducted. A calibration arm of known length (0.599
m) is attached radially on the periphery of the dynamometer with its loading parallel
to the load cell. The water, oil and air supply pipe that is externally connected to
the dynamometer that sits on gimbal bearing, therefore might result in preloading of
the load cell. To compensate for this effect, the dynamometer is constantly supplied
with water, oil and air running at operational level. Known weight of loading is then
applied for the range of torque expected during testing and the transfer function is
established. The calibration was also done on a regular basis during period of testing
to ensure consistency. The combined calibration points suggests an uncertainty in
the torque measurement of ±0.025Nm.
2.3.1.6 Miscellaneous
Polar moment of inertia. The rotating component polar moment of inertia was
obtained using the tri-filar suspension method. The polar moment of inertia of the
whole rotating assembly (I) is 4.563 X 10−4 kgm2. Meanwhile the polar moment of
inertia for the rotor wheel only is 9.858 X 10−5 kgm2. The Root-Sum-Square RSS
uncertainty in the calculation of polar moment of inertia is 1.55 X 10−5 kgm2.
2.4 Uncertainty analysis
The parameters obtained from measurements explained in section 2.3 each consists
of errors that caused by measurement instruments and its associated data acquisi-
tion modules. These errors will ultimately propagate and influence the final turbine
performance parameters. Therefore, it is necessary to evaluate these uncertainty
originated from individual parameters in order to obtain final uncertainty value
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from the turbine efficiency, mass flow parameter, pressure ratio and velocity ratio.
The evaluation of the propagated uncertainties was made by performing the Root-
Sum-Squares (RSS) of all the associated variable uncertainties, as shown in Equation
2.20. This particular methodology was proposed by Kline and McClintock (1953)
and further developed by Moffat (1982). Stern et al. (1999) later gave a proper de-
scription of the uncertainty methodology based on the ASME and AIAA standards.
The uncertainty analysis that is pertinent and specific to the current research was
provided in detail by Szymko (2006). Szymko (2006) utilized the RSS method to
perform the uncertainty analysis and has been used as the basis throughout the
current work.
± ParRSS =
√√√√ n∑
i=1
(
±vari · ∂Par
∂vari
)2
(2.20)
where ±ParRSS is RSS uncertainty of parameter, ±vari is individual variable un-
certainty and ∂Par
∂vari
is the sensitivity coefficient.
Table 2.1: Sensitivity coefficient in the uncertainty analysis
∂m˙ ∂T1 ∂P1 ∂τ ∂N ∂p5
∂ηts 44% 7% 15% 30% 0% 4%
∂V R 28% 16% 45% - 0% 11%
∂MFP 72% 6% 21% - - -
∂PR 39% 3% 44% - - 13%
∂Neqv 21% 72% 6% - 0% -
The RSS uncertainty calculation for a turbine performance parameters (total-to-
static efficiency, mass flow parameter, velocity ratio and pressure ratio and equiva-
lent speed) are given in Equation 2.21 to 2.25. The table of sensitivity coefficient
associated to each variable and the dependent parameter is shown in Table 2.1.
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± (ηts)RSS =
√√√√√√√√
(
±m˙ · ∂ηts
∂m˙
)2
+
(
±T1 · ∂ηts
∂T1
)2
+
(
±P1 · ∂ηts
∂P1
)2
+(
±τ · ∂ηts
∂τ
)2
+
(
±N · ∂ηts
∂N
)2
+
(
±P5 · ∂ηts
∂P5
)2 (2.21)
± (MFP )RSS =
√(
±m˙ · ∂MFP
∂m˙
)2
+
(
±T1 · ∂MFP
∂T1
)2
+
(
±P1 · ∂MFP
∂P1
)2
(2.22)
± (PR)RSS =
√√√√√√√√
(
±m˙ · ∂PR
∂m˙
)2
+
(
±T1 · ∂PR
∂T1
)2
+(
±P1 · ∂PR
∂P1
)2(
±P5 · ∂PR
∂P5
)2 (2.23)
± (V R)RSS =
√√√√√√√√
(
±m˙ · ∂V R
∂m˙
)2
+
(
±T1 · ∂V R
∂T1
)2
+
(
±P1 · ∂V R
∂P1
)2
+(
±N · ∂V R
∂N
)2
+
(
±P5 · ∂V R
∂P5
)2 (2.24)
± (Neqv)RSS =
√√√√√√√√
(
±m˙ · ∂Neqv
∂m˙
)2
+
(
±T1 · ∂Neqv
∂T1
)2
+(
±P1 · ∂Neqv
∂P1
)2
+
(
±N · ∂Neqv
∂N
)2 (2.25)
2.5 Data processing for unsteady measurement
As the unsteady flow measurements are collected at high sampling rate, the data
obtained is subjected to external noise such as vibrations that is not related to
the measured properties. For this purpose, ensemble averaging and filtering are
used. These methods and instruments were originally developed by Rajoo (2007)
and Szymko (2006).
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The measurements that are recorded for each unsteady parameter are taken for
50 pulses. With the traversing system that has 36 points, the total recorded data
points are 1800 cycles. These points are ensemble averaged to a single cycle for
the subsequent processing and analysis. For the hotwire reading, the 36 traversing
points are integrated using British Standard method after the 50 cycles for each
traversing point were individually ensemble averaged. The application of ensemble
averaging procedure is useful to reduce the random noise and non cyclic variation
in the acquired pulsating signal, where the signal-to-noise ratio can be improved by
a factor of
√
n.
Although the data have been ensemble averaged, some of the noises still remain. It
is therefore necessary to filter the ensemble averaged data. Rajoo (2007) utilized a
low pass Finite Impulse Response (FIR) filter to smooth the traces without losing
its primary features. This filter is part of the built-in routine in the LabVIEW
program. The filtering and ensemble averaging process produced one final data set
of each unsteady flow property for a single pulse that is used for further analysis.
Another issue with unsteady data processing is the data acquired by the speed
sensor. As the speed of the turbine wheel is detected by recording the time taken for
the rotating assembly to move a nominally fixed angular distance (toothed gate), the
sampling rate is not constant. This introduced a mismatched between data output
from this particular sensor and the other data which was sampled at exactly the
same rate of 20kHz. Therefore the analogue data re-sampling had to be undertaken.
This process is done by fitting a cubic spline through each of the unequally spaced
speed data points (Szymko, 2006).
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3.1 Introduction
This section intends to describe the development of computational model used in
this research. Development of the geometry for computation domain and its meshing
process are also described in details. Application of steady and unsteady boundary
conditions on the domain inlet and exit, and steps taken to calculate the required
parameters either on local computer or High Performance Computer (HPC) are also
included.
3.2 Background of Computational Fluid Dynam-
ics
Computational Fluid Dynamics (CFD) analyses are significantly employed in the
current research to enhance understanding of the flow behaviour inside the turbine
stage. In general, CFD is the art of solving partial differential flow equations,
primarily the continuity equation and the momentum or Navier-Stokes equations.
The continuity equation is defined as
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∂ρ
∂t
+∇ · (ρU) = 0 (3.1)
For incompressible flow, this equation can be reduced to
∇ · U = 0 (3.2)
Meanwhile, the momentum or Navier-Stokes equation is defined as
DU
Dt
= −1
ρ
∇p+ ν∇2U (3.3)
Since the primary objective of simulations in the current research is to understand
and analyse the flow field within the turbine stage, established commercial software
was used rather than developing a new solver. For this purpose, commercial software
Ansys CFX 14.1 has been chosen.
It is well known that the flow in most of the engineering applications is in the tur-
bulent flow regime. This includes flow within the current turbocharger application.
The existence of turbulent necessitates the explanation of how it might influence
the flow equations. Reynolds in 1894 introduced the decomposition of the velocity
U(x, t) into its mean 〈U(x, t)〉 and its fluctuation u(x, t) as described in Equation
3.4.
u(x, t) = U(x, t)− 〈U(x, t)〉 (3.4)
This equation is known as Reynolds decomposition. The Reynolds decomposition
ultimately results in modification of the original continuity and Navier-Stokes equa-
tions. It follows from the continuity equation 3.1 to equation 3.5
∇ · U = ∇ · (〈U〉+ u) = 0 (3.5)
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By subtraction of mean velocity solenoidal (divergence free vector) condition,
∇ · 〈U〉 = 0 (3.6)
the resulting fluctuation result in equation 3.7
∇ · u = 0 (3.7)
The integration of fluctuation velocity components to the original Navier-Stokes
equation is less simple due to the existence of non-linear convective terms. The
substantial derivative of velocity gives
DUj
Dt
=
∂Uj
∂t
+
∂
∂xi
(UiUj) (3.8)
so that the mean is
〈DUj
Dt
〉 = ∂〈Uj〉
∂t
+
∂
∂xi
〈(UiUj)〉 (3.9)
By substituting the Reynolds decomposition, the nonlinear term becomes
〈UiUj〉 = 〈(〈Ui〉+ui)(〈Uj〉+uj)〉 = 〈〈Ui〉〈Uj〉+ui〈Uj〉+uj〈Ui〉+uiuj〉 = 〈Ui〉〈Uj〉+〈uiuj〉
(3.10)
By substituting back into the mean substantial derivatives, the equation becomes
〈DUj
Dt
〉 = ∂〈Uj〉
∂t
+
∂
∂xi
= (〈Ui〉〈Uj〉+ 〈uiuj〉) (3.11)
Since ∂〈Ui〉
∂xi
= 0, therefore
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〈DUj
Dt
〉 = ∂〈Uj〉
∂t
+ 〈Ui〉∂〈Uj〉
∂xi
+
∂
∂xi
〈uiuj〉 (3.12)
The first two terms on the right hand side of the equation 3.12 can be simplified by
defining the mean substantial derivative to be
D¯
D¯t
=
∂
∂t
+ 〈U〉 · ∇ (3.13)
Therefore, the equation becomes
〈DUj
Dt
〉 = D¯〈Uj〉
D¯t
+
∂
∂xi
〈uiuj〉 (3.14)
Finally, the mean momentum or Reynolds equation becomes
D¯〈Uj〉
D¯t
= ν∇2〈Uj〉 − ∂〈uiuj〉
∂xi
− 1
ρ
∂〈p〉
∂xj
(3.15)
The final equation that includes the fluctuation velocity components is called the
Reynolds Averaged Navier-Stokes (RANS) equation. This equation contains all the
parameters that exist in the original Navier-Stokes equation with the addition of
the Reynolds stress terms (〈uiuj〉). However, the additional terms impose a new
problem that now the numbers of the unknowns exceed the number of available
equations. This issue is commonly called as closure problem. This situation therefore
requires an additional model, generally called the turbulent models in order to solve
for additional stress terms before integrating the solution back into the original
equation.
For the current work, the two-equation k-epsilon (k − ε) turbulent model has been
chosen to solve the closure problem in the RANS equation. The main reason behind
selection of this particular model is due to its ability to predict the turbocharger
turbine performance with sufficient accuracy as described in Palfreyman (2004) and
Newton (2014). The model is also known due to its wide applications in turbulence
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flow and is commercially available for most of the computational software, making
it popular among CFD users.
The turbulent kinetic energy, k (defined as the variance of velocity fluctuations)
and its dissipation rate, ε, hence the name k-epsilon model come to light from the
turbulent-viscosity hypothesis proposed by Boussinesq in 1887. This hypothesis
states that the deviatoric Reynolds stress is proportional to the mean rate of strain
by the factor of turbulent viscosity. This method is described in details by Pope
(2000). With this hypothesis, it is possible to express the Reynolds stress term into
effective viscosity which is the summation of molecular and turbulent viscosity. The
effective viscosity is then integrated into the main RANS equation, and could be
solved numerically without the closure problem.
In k − ε model, the transport equations for both turbulent quantities k and ε are
solved. The definitions of both quantities are then used to calculate the turbulent
viscosity as demonstrated in Equation 3.16.
νT =
Cµk
2
ε
(3.16)
where Cµ= 0.09 is a constant. This value could be used in the boundary layer but
it is not sufficiently accurate at wall proximity (y+ < 50). Therefore, modifications
to the standard k − ε model are necessary for the viscous near-wall region. Sev-
eral suggestions has been made over the years to include a damping factor in the
calculation in order to reduce the over prediction problems (Pope, 2000).
The turbulent boundary layer close to the wall has been known to be substantially
different from its laminar counterpart, thus requires additional efforts to obtain the
wall condition, for example the wall shear stress. Empirical and Direct Numerical
Simulation (DNS) data has shown that for turbulent boundary layer, there are
multiple layer stages according to their positions from the wall where each of them
behaves differently. The layer right next to the wall is known as the viscous sub
layer where the fluid is dominantly influenced by molecular viscosity. The next
layer after sub layer region is the logarithmic region where turbulence dominates
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the mixing process. Furthermore, the intermediary between viscous sub layer and
the logarithmic layer is called the buffer layer.
In order to resolve this condition, in conjunction with previously mentioned k − ε
model, the ‘wall function’ approach is utilized to solve the steep profiles of velocity
at near-wall region of turbulent boundary layer. The original idea of wall function
methodology was developed in 1972 by Launder and Spalding where the turbulence
models are not solved close to the wall. This means employing the empirical re-
lationship to bridge the viscosity affected sublayer region for the mean flow and
turbulence transport equations and connect the wall condition to variables at the
node closest to the wall.
Furthermore, the available empirical relationship requires the closest node to the
wall to be at the starting edge of logarithmic law region of the turbulence boundary
layer where the relationship between wall shear stress and velocity is universally
clear. In the log-law region the wall shear wall stress is related to the near wall
tangential velocity through logarithmic relationship, hence the name log-law region.
The relationship is described in equation 3.17.
u+ =
Ut
uτ
=
1
K
ln(y+) + C (3.17)
where
y+ =
ρ∆yuτ
µ
(3.18)
and
uτ =
(
τω
ρ
) 1
2
(3.19)
where u+ is the near wall velocity, uτ is the friction velocity, Ut is the known velocity
tangent to the wall, ∆y is the distance from wall to the known tangential velocity,
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y+ is the dimensionless distance from the wall, τω is the wall shear stress and K is
the von Karman constant.
However, equation 3.17 has a problem of singularity as the velocity, Uτ approach
zero due to separation. To overcome this problem, in the logarithmic region, an
alternative velocity scale is used to represent u+
u∗ = C
1
4
µ k
1
2 (3.20)
This scale has the useful property that it does not go to zero if Uτ goes to zero.
Therefore, the following explicit equation for uτ can be obtained
uτ =
Uτ
1
K
ln(y∗) + C
(3.21)
The absolute value of the wall shear stress τω, is then obtained from
τω = ρu
∗uτ (3.22)
where
y∗ =
ρ∆yu∗
µ
(3.23)
and u∗ is defined earlier.
Since the wall function approach only identify the log-law region as the basis of the
relationship between tangential velocity close to the wall and wall shear stress, it
is essential that the first node of near wall meshes fall into the log-law region. For
instance, if the mesh is too fine and falls into the viscous sub layer, different empirical
relationship of parameters on the node and wall would result in erroneous wall shear
stress calculation. Therefore, refining the mesh even more close to the wall at this
stage does not necessarily result in increasing prediction accuracy. Therefore, in
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order to overcome this issue, there is a formulation developed by Ansys CFX called
the Scalable Wall Function (Ansys, 2006). This feature come into use in order to
ensure the closest node to the wall is at the starting point of log-law region from
the wall which is approximately equivalent to y+ = 11.06. Therefore all mesh points
that are below this region will be ignored.
There are however several known limitations regarding the use of k − ε. Some of
them is that this model is not suitable to be used for flow with aggressive boundary
layer separation and flow with sudden change in the mean strain rate (Pope (2000),
Ansys (2006)). Validation practice is therefore essential in order to ensure that the
model is viable. For the current research, the validation procedures are explained
in detail in the next following chapters.
3.3 Development of three-dimensional numerical
model
In general, the 3-D model development starts by building the geometries, followed
with the meshing process. Subsequently, the model is assembled together and bound-
ary conditions are set at appropriate locations. Afterwards, the actual computing
took place either using a local desktop for relatively small jobs (single passage simu-
lations) or using High Performance Computer (HPC) for bigger jobs (full stage and
unsteady simulations). Then, the simulations results are ready for scrutiny during
post-processing phase.
In this particular research, the computational domain consists of three major sub-
domain which are the volute, vanes and the rotor. Each of the geometry is built
and meshed with different technique using different commercial packages where all
of them are described in detail in the next section. In the current work, structured
mesh elements are employed for vanes and rotor domain. For the volute, unstruc-
tured mesh elements are employed.
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3.3.1 Geometry creation and meshing for volute, vanes and
rotor
Volute. The original design of the turbine volute used in the current research
is built by Rajoo (2007) as part of his PhD project. Rajoo (2007) modified the
Holset H3B volute by adding a vane section in order to test for different types of
vanes. Rajoo (2007) also fabricated and tested the volute and therefore provided the
preliminary results for validations that are explained in subsequent chapters. The
volute casing was modified in Solidworks commercial package, retaining its inside
surface of cross-section in order to create the geometry of the volume within the
volute stage. Additional 0.2 mm x 13.79 mm area was artificially added to the
geometry at the tongue region to allow flow recirculation that existed in the actual
volute.
Furthermore, in order to accommodate the pulsating flow simulations, the volute
inlet is extended to allow the inlet boundary condition to be defined at the position
equivalent to the measurement plane (refer Chapter 2). This extension is necessary
to reflect the actual recorded pulsating data to be used as boundary condition, since
the flow will travel at similar distance as in actual testing condition before entering
the volute inlet. Moreover, this extension also allows the flow to developed and
mixed before entering the volute inlet, therefore allowing the employment of the
area averaged total pressure at the inlet of the domain. Development of the volute
geometry as well as the extended inlet duct is shown in Figure 3.1.
Figure 3.1: Volute and inlet duct geometry in Solidworks
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The meshing process for the volute domain is done using ICEM CFD commercial
software. The software is capable of generating full hexahedral mesh with complete
control capability of its arrangement from the user. This ensures flexibility that
is very important while meshing a complex geometry such as the volute. Since
there are multiple steps involved in mesh generation using ICEM CFD, the volute
has been divided into five parts (including the inlet duct) to simplify the process.
Details about the divided geometries are shown in Figure 3.2.
Figure 3.2: The divided geometry of the volute
All the boundaries such as the volute inlet, outlet, wall and interfaces between
different parts of volute are defined during meshing process (see Figure 3.3). This
procedure of specifying boundary surfaces is crucial in order to allow appropriate
boundary conditions to be specified at the correct location prior to calculations. The
resulting meshed components are then translated into .cfx5 files which are readable
by Ansys CFX.
Vanes. Unlike the process in previous section that requires the volute to be built
first before meshing, the development of vanes domain only requires the profile
lines of the hub, shroud and the blade itself for a complete single passage mesh to
be generated. For this purpose, a commercial software namely Ansys TurboGrid
is used. Using this software, the geometry is supplied through definition of the
abovementioned profile lines. The vanes that are utilized throughout the entire
simulation are based on NACA 0015 profile with the lean geometry of 500 from
the hub surface. The vanes consist of 15 blades with different chord length of 22.3
mm and 26.3 mm for hub and shroud respectively. This is to ensure even spacing
3.3. Development of three-dimensional numerical model 104
Chapter 3. Simulation methodology
Figure 3.3: Final meshing and assembly of the volute
of the interspace between the vanes trailing edge and the mixed flow rotor leading
edge. These vanes were specifically designed to match 3 dimensional geometry of
mixed flow turbine leading edge (Rajoo, 2007). It is worthwhile to note that the
vane angle is defined based on the vane position at the shroud end between line
connecting centre of the turbine wheel rotation and the pivot point of the vane and
the vane camberline. The dimension of the nozzle vane employed in this research is
visualized in Figure 3.4.
Another important issue during mesh development of the vanes is the tip clearance.
The vanes were originally designed to have 0.15 mm clearance at both end walls.
However, further investigations by taking a closer look at the manufactured volute
indicate that the clearances on both sides are different. At the shroud side where
the pivot arm is, the actual clearance of 0.2 mm is recorded. Meanwhile, at the hub
side it was found that the clearance is negligible. However, since the addition of
tip clearance could potentially prolonged the simulation period, single passage vane
simulations were carried out to investigate three cases, one with no clearance at all
(V1), one with ideal clearance of 0.15 mm on both sides (V2) and finally with actual
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Figure 3.4: Description of the lean nozzle vane (Rajoo, 2007)
clearance value of 0.2 mm at the shroud wall (V3). Results of this investigation are
shown in Figure 3.5.
From Figure 3.5, it can be clearly seen that there are significant differences of normal-
ized static pressure trace between the blade surface without the tip clearance (V1)
to that of with tip clearance (V2 and V3). The differences are however, marginal
between case V2 and V3. From this investigation it can be concluded that under
estimating the importance of tip clearance of the blade could result in misleading
outcome of the simulation. To address particular case in this research, the vane
domain with 0.2 mm clearance (V3) which also represented the actual working con-
dition is selected to be used regardless of additional computational time require to
calculate flow parameters at clearance region.
Rotor. Since Ansys Turbogrid requires the definition of the rotor blade profile lines
as described above, considerable amount of time has been devoted into obtaining
these lines. The task is less simple than generating profile lines of the vanes since
the rotor blades has complex curvatures, thus require more profile lines. Therefore,
9 profile lines for a single blade are generated and this is done by employing Bezier
Polynomials. The rotor that is currently used in this research was originally de-
3.3. Development of three-dimensional numerical model 106
Chapter 3. Simulation methodology
(a)
(b)
(c)
Figure 3.5: Comparison of normalized static pressure distribution at mid-span of
the vane surfaces between CFD and experimental result with different vanes tip
clearance (a) V1, (b) V2 and (c) V3
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signed in-house by Abidat (1991) with the designated name ‘Rotor A’. Summary
of Rotor A geometry is shown in Table 3.1. Furthermore, all the parameters for
the Bezier Polynomials constants are extracted from Abidat (1991) and Palfreyman
and Martinez-Botas (2005). These constants effectively serve as guides to the Bezier
curve in order to define the rotor camberline, hub and shroud as seen in Figure 3.6.
Since the curves generated by the polynomials were in polar coordinate form, they
were then converted into Cartesian coordinate which can then be uploaded into
Turbogrid. The construction of the blade profile lines are visualized in Figure 3.7.
Table 3.1: Geometrical feature of Rotor A
Geometrical Feature Dimension
Leading Edge Tip Diameter [mm] 95.14
Leading Edge Span Height [mm] 18.00
Trailing Edge Tip Diameter [mm] 78.65
Trailing Edge Span Height [mm] 25.79
Cone Angle [ 0 ] 40.00
Leading Edge Blade Angle [ 0 ] 20.00
Root Mean Radius at Trailing Edge [mm] 52.00
Length of Axial Chord [mm] 40.00
Number of Blades 12
Tip Gap Height (% of blade span) 3
The mesh files of both vane and rotor blade are then exported into .gtm format.
This is the format that is readable in Ansys CFX. All of the domains are assembled
together in Ansys CFX Pre before the flow boundary conditions can be defined.
Summary of the nodes distribution for all the meshed domains are included in Table
3.2.
3.3.2 Model assembly
As described in previous section, assembly of the meshed domains are executed
in Ansys CFX Pre. This software is part of Ansys CFX package and its main
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(a)
(b)
Figure 3.6: (a) Camberline and (b) Hub and shroud profile generated from Bezier
Polynomial
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Figure 3.7: 3-D representation of the generated rotor blade profiles
Table 3.2: Nodes distribution and type of mesh for all components
Domain Number of Nodes Type of mesh
Inlet Duct 242 320 Unstructured Hexahedral
Volute 730 016 Unstructured Hexahedral
Nozzle 590 160 Structured Hexahedral
Rotor 2 600 436 Structured Hexahedral
Total 4 162 932
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purpose is to serve as platform to prepare the domain before moving on to computing
stage. All the discretized geometries are assembled and the interfaces between the
geometries are specified. Particular attention is given to the interface between the
nozzle (stationary domain) and the rotor wheel (rotating domain). For this surface,
the transient interface is chosen in simulation to allow rotation of the turbine wheel
domain in relation to the stationary vanes. This method will result in a more realistic
prediction of the flow field than that of ’frozen rotor’ method as in Lam et al. (2002).
This is because the transient effect is taken into account, although at the expense
of significant increment of the computational time.
Figure 3.8: Assembly of the domains in CFX-Pre
3.3.3 Boundary conditions
At the inlet boundary of the domain (Duct Inlet), a time varying total pressure and
total temperature is specified during pulsating flow simulations. The direction of
inlet flow is defined so that the only velocity component that exists is normal to
the inlet plane. The data for inlet boundary condition are taken directly from the
experimentally acquired values at the measurement plane. One sample of boundary
condition is shown in Figure 3.9 for 20 Hz pulsating flow at 50% speed. The outlet
boundary condition requires the static pressure values. Therefore, constant atmo-
spheric pressure is applied at the boundary plane. Moreover a no-slip boundary
condition was specified at all walls including the vanes and the rotor blades.
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Figure 3.9: Total Pressure inlet boundary condition
Ansys CFX does not support the time dependent speed and acceleration of the
rotating domain, thus a constant speed is set for the turbine wheel during simulation.
The application of constant turbine speed during pulsating flow simulations remain
valid since the maximum speed fluctuations during testing is found to be only within
1.5% of the cycle averaged value. Moreover, the time step is set to be equivalent to
10 rotation of the turbine, or ∆t = 5.556 x 10−6 s and ∆t = 3.472 x 10−6 s for 50%
(30000 rpm) and 80% (48000 rpm) wheel speed respectively. Similar time steps are
applied for different pulsating frequency. This eventually results in the 20 Hz case to
produce more data points than the 80 Hz case. In order to begin the pulsating flow
simulation, an initial steady-state file is required to assist the convergence. For this
purpose, the total inlet pressure for the initial file is set to be the mean value of the
individual pulsating condition. For the steady-state simulations, similar boundary
conditions are specified with the absence of time varying inlet total pressure and
temperature.
3.4 Conclusion
The steps taken to create a full three-dimensional model of the turbine stage has
been described. The effect of inaccurate representation of the blade tip gap are also
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presented. Overall, the total number of over 4 million nodes have been created to
represent the turbocharger turbine domain to be solved on the High Performance
Computer (HPC) facility at Imperial College London. The average computing time
for one pulsating flow simulation using 8 processors is 28 days. In total 8 cases
of different speed and frequency were simulated. These simulations result in the
massive requirement of memory storage of over 4Tb of data. Results derived from
these simulations are presented in the subsequent chapters of this thesis.
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4.1 Introduction
This section provides detailed flow field review of the turbine operation under steady
flow conditions. The first part of this section discusses the validation procedures
undertaken for the computational model against experimental data. Subsequently,
steady flow characteristics of the flow field within the turbine stage are discussed.
This analysis includes flow field visualisation of multiple reference planes relative
to the turbine blade geometry. Also included in the analysis is the detailed flow
angle analysis at different operation points which is later used as a comparisons
with pulsating flow conditions in the next chapter.
4.2 Validation exercises
Since most of the discussion are based on the CFD results, extensive validation
exercises are therefore necessary in order to ensure the model viability. In doing so,
the parameters of turbine performance which are pressure ratio, velocity ratio, mass
flow parameter and turbine efficiency which were obtained from CFD calculations
are compared directly with the available experimental data.
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Figure 4.1: Comparisons of Mass Flow Parameter between Experiment and CFD
calculation
Figure 4.1 shows the plot of mass flow parameter against pressure ratio the turbine
rotating at 50% design speed (30000 rpm). Both CFD and experimental data are
plotted together on the same axis in order to see direct comparison. It can be seen
that the developed full stage model used in this research are able to capture the
experimental trend of mass flow parameter as well as its magnitude at any given
pressure ratio. The Root Mean Square of the deviation over the entire simulation
operation range is recorded to be 2%.
The model validation for turbine efficiency has been proven to be more difficult to
achieve relative to the validation of mass flow parameter as demonstrated by previous
researchers. This issue is attributed mainly due to the efficiency calculation itself
which is derived from multiple parameters such as torque, temperature and pressure.
Furthermore, the employment of fixed value of certain parameters such as specific
heat in order to shorten the computational time could also lead to over or under
prediction of turbine efficiency.
The comparison of steady flow total-to-static efficiency between CFD and experi-
ment is plotted in Figure 4.2 . It can be seen that CFD calculations under predicted
the efficiency value at velocity ratio lower than 0.85%. Furthermore, maximum un-
der prediction of efficiency is recorded to be 5 efficiency points at velocity ratio of
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Figure 4.2: Comparison of total-to-static efficiency between Experiment and CFD
calculation
0.36. The RMS deviation of CFD calculation from experimental data is 2 efficiency
points. The calculated efficiency match the magnitude obtained in experiment at
0.85 velocity ratio. At velocity ratio higher than that, slight over prediction of the
CFD model is recorded.
4.3 Results and discussion
This section presents the flow field behaviour within the turbocharger turbine stage
starting from the volute, the vanes, and finally the rotor domain. For this purpose,
a single case of 30000 rpm with pressure ratio of 1.3 (130 kPa inlet total pressure)
was selected due to its ability to achieve peak performance for the particular speed.
Therefore the analysis represents the flow field behaviour at optimum steady state
operating condition. In the later stage of this section, another two steady flow cases
is selected at higher and lower pressure ratio. The aims for selecting other operating
points are to enable comparison of flow field between the optimum and off-design
condition, and to investigate whether any of this condition is repeatable during
unsteady flow operation.
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Figure 4.3: Static pressure distribution across the volute stage (PR = 1.3, 30000
rpm)
Figure 4.3 shows the static pressure contour within the connecting duct and the
volute at 50% span (see top right of Figure 4.3). There are also a few cross-section
pressure contours (volute inlet, 00, 900, 1800 and 2700 circumferential location) to
show the spatial variation of pressure distribution and progression at each section.
It can be seen from Figure 4.3 that there is little pressure difference between the
duct inlet and volute inlet relative to the overall pressure change within the stage
and that at the volute inlet, the pressure is uniform albeit a small pressure drop
is seen at the upper right corner of the volute inlet cross section. Downstream the
volute inlet, it can be clearly seen that the pressure starting to drop as the flow turns
and enters the vane domain. The pressure reduced gradually towards the vane inlet
in relatively uniform manner except at the circumference end of the volute (3400 –
3600). At this location the pressure drops significantly towards the volute tongue,
therefore resulting in uneven recirculation flow as explained later in this chapter.
The velocity distribution in the inlet duct and volute stage is shown in Figure 4.4.
In general, the flow within the volute stage accelerates circumferentially (due to
reduction of radial distance of the volute centroid to the centre of rotation) and
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Figure 4.4: Velocity distribution across the volute stage (PR = 1.3, 30000 rpm)
radially as it moves towards the vane inlet. As the vane is leaned and thus have
shorter hub than its shroud, one would expect that the radial flow acceleration in
the volute to be uneven between hub and shroud. However, the velocity contour at
each cross section indicated that the flow accelerates almost radially. Therefore, this
behaviour indicated that the flow distribution in the volute is not influenced by the
blade geometry downstream but depended on how the volute itself was designed.
Indeed the volute is the derivative of a Holset H3B volute which originally designed
for a radial flow turbine. Moreover, Figure 4.4 also shows that close to the tongue,
the velocity is not evenly distributed and accelerated more than the other section at
similar radial location. Suhrmann et al. (2012) conducted extensive analysis with
regards to the influence of the volute geometry to the overall flow distribution down-
stream the tongue. Suhrmann et al. (2012) indicated that a small tongue radius and
angle could lead to better turbine efficiency but could also increase the probability
of wheel blade high cycle fatigue failure. According to Suhrmann et al. (2012), a
robust design would then require the tongue to have a larger tongue distance and
angle. Despite the interesting observation relating the turbine performance with
the volute tongue geometry, optimization of the tongue geometry is not part of the
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project described in this thesis and as such further discussion is not included.
Downstream the volute exit, the flow is expected to enter the vane domain at a flow
angle of 690. This value is selected during the design stage of the volute and is as-
sumed to be constant throughout the exit of the volute circumference. However, this
condition (i.e constant flow angle) is seldom met due to the free vortex assumption
that is utilized during the design stage. With the CFD model developed for this
research, it is possible to visualize this problem. Figure 4.6 shows the plot of flow
angle distribution against the circumferential location of the volute. The location
where the flow angle at the volute exit is measured is detailed in Figure 4.5. From
Figure 4.6, it can be clearly seen that the flow angle does not maintain a constant
value but it fluctuates due to the proximity of the vanes. Maximum fluctuation is
recorded close to the tongue region with the magnitude of ±100.
As the flow passes through the vane, the flow angle variation across the circumfer-
ential location has reduced significantly as compared to its variation at the volute
exit/vane inlet. At the exit of the vanes, only small localized fluctuations are de-
tected due to proximity to the turbine wheel inlet. There are no evidence of the
wake flow from the vanes trailing edge could be seen at where the flow angle is mea-
sured. The magnitude of the mean flow angle is now 710 with only ±10 fluctuation.
Therefore, this observation shows that current arrangement of vanes is sufficient to
guide the flow and to minimize the substantial flow angle variations that occur at
the volute exit. This ensures that the flow enters the rotor at a constant incidence
angle which is very beneficial provided that the incidence angle falls into its optimum
range. The relative and incidence angle are also plotted in the same axis in Figure
4.6. In the current operating condition, the incidence angle reads -100 which is close
to the optimum limit, hence the maximum efficiency for the particular operating
speed.
Although it seems like the existence of the guide vanes has a positive result in flow
alignment, it does not guarantee high efficiency at off-design condition. The capa-
bility of the guide vanes to minimize the fluctuations of the flow angle across the
rotor circumference also means that it is only efficiency if the incidence angle is kept
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at its optimum value. As the absolute flow angle changes at off-design condition,
the incidence angle will also change and fall outside its optimum value at any cir-
cumferential location. Meanwhile, in the absence of the guide vanes where incidence
angle fluctuates substantially, there are some portion of the rotor circumference that
might be exposed to the optimum incidence at off-design condition. Therefore, the
employment of vanes in a turbocharger turbine arrangement increases the maxi-
mum efficiency but only limited at the design operating condition. However, at
off-design condition, the existence of the vanes row could result in low efficiency as
the incidence angle fall away from its optimum value. The detailed explanations
regarding the performance comparison of vaned and vaneless turbine arrangements
are described in Chapter 6.
Figure 4.5: Location of data measurement at mid-span of vane and rotor inlet
Even though the vanes are capable of improving the flow angle distributions at the
volute exit circumferentially, the complexity of the turbocharger turbine geometry
prevents similar distributions of the flow angle in spanwise direction. Figure 4.7
shows the plot of velocity components along the span of the rotor inlet at 1800
circumferential location. From Figure 4.7, it can be seen that in general the flow
has turned into its primary direction which is the streamwise direction. This is
indicated by relatively high magnitude of the streamwise velocity as compared to
the other velocity components. Along the span, it can also be seen that this velocity
components varied as much as 65 m/s where the maximum value is recorded close
to the shroud wall with the magnitude of 100 m/s. However, the magnitude of the
streamwise velocity drops to 45 m/s at 0.85 span location. This feature is labelled
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Figure 4.6: Flow angle at the vane inlet and the rotor inlet
X in the Figure (4.3). The sudden change in the velocity component over relatively
short distance is due to blade tip clearance close to the shroud. The streamwise
velocity then remains relatively constant at 50 m/s until 0.3 spanwise location.
Closer to the hub, the velocity increases and peaks at 75 m/s before it drops again
to 60 m/s at the hub proximity.
As for the spanwise velocity, a consistently negative value is recorded (see Figure
4.7). This feature indicated that there are fluid movement from hub to shroud of
the rotor inlet, and therefore impeding the primary flow which is in the streamwise
direction. This condition is worst at about 0.05 spanwise location close to the hub
where the flow is moving from hub to shroud at 36 m/s. This behaviour occurs due
to the geometry of the trailing edge of the vanes that has different radial distance
from the centre of rotation in order to match the geometry of the mixed flow turbine.
Therefore, the flow closer to the shroud turns from radial to axial direction at radial
location higher than the hub. This in turns induces flow movement from hub to
shroud at the leading edge of the rotor.
For the tangential velocity component, there is a strong change from a negative
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Figure 4.7: Velocity components distribution across the span length of the rotor
leading edge
value at shroud to a positive value at about 0.85 span location (labelled X in Figure
4.7). This behaviour is associated with the reduction of Coriolis acceleration that
is acting on the fluid as it enters the rotating domain. Japikse and Baines (1994)
indicated that the decreasing radius of the rotor causes uneven cross-passage force
between the shroud and hub at the rotor. At negative incidence angle such as the
current operating condition, this behaviour results in a secondary flow that is set
up in the blade passage in the form of a circulation in the opposite direction to the
passage rotation. For the current operating condition, the maximum difference of
tangential velocity component as seen in Figure 4.7 is 85 m/s, a significant difference.
Furthermore, close to the hub (less than 0.1 span location), the tangential velocity
reduces to a relatively negligible value.
As the velocity components vary across the span of the rotor inlet, so does the flow
angle. Figure 4.9 shows the plot of the absolute, relative and incidence flow angle
across the spanwise location at 1800 inlet of the rotor. It can be seen from Figure 4.9
that for the absolute flow angle, the value of 710 holds for most of the span length
(from 0.22 to 0.9). However, close to the shroud wall, the flow angle reduces to
400. In Figure 4.9, it is clearly seen that the incidence angle changes substantially
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Figure 4.8: Plot of total losses against the flow incidence angle at the rotor inlet
Figure 4.9: Flow angle components distribution across the span length of the rotor
leading edge
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from hub to shroud. Close to the shroud, it has a very negative value of about
-520. Towards the hub, the incidence angle becomes less negative and turns to a
positive value at about 0.4 span location. This flow angle levels-off at 0.2 span with
the value of 50 and then reduces back to -250 at hub. The average value of the
incidence angle at this location from hub to shroud is -9.80. Despite the average
value of the incidence angle of the current case which is outside the optimum limit
indicated by Japikse and Baines (1994) (between -300 to -200), the current case (-100
incidence angle) is still operating at its peak performance condition. From the CFD
calculations at similar operating speed (30000 rpm), the optimum incidence (the
angle which translates into minimum total losses) has a wider range than suggested
by Japikse and Baines (1994) which is between -300 to 100. This behaviour is
visualized in Figure 4.8.
While analysing the flow field within the rotor stage, it is also useful to scrutinize the
flow development by plotting the velocity and pressure contour on a few planes of
specific orientations, namely streamwise, spanwise and blade-to-blade planes. Each
orientation of the plane is represented in Figure 4.10. The employment of these
planes would enable a more global view of the flow field behaviour bounded by
the shroud wall, the hub, the suction surface as well as the pressure surface. The
velocity and pressure contour of the streamwise planes is plotted side by side in
Figure 4.11. It is also worth noting that the contour in Figure 4.11 is plotted such
that an observer is facing towards the upstream incoming flow.
With regards to the velocity contour at the rotor leading edge, there exist a low
velocity flow close to the pressure surface between 50% span and the shroud wall.
As the flow moves further downstream to 50% streamwise location, the low velocity
flow migrates closer to the hub (about 30% span) and also moved towards the mid-
pitch region. Subsequently, at 75% streamwise location, the low velocity region has
completely attached to the suction surface where it later moves towards the shroud
wall as the flow reaches the rotor trailing edge.
Another interesting observation that can be seen in Figure 4.11 is the development
of the tip leakage flow. At the leading edge as well as at 25% streamwise location,
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one can hardly notice any development of the tip leakage flow. However, from 50%
onwards, it can be clearly seen that the tip leakage flow has started to show its
effect on the overall distribution of velocity in the particular plane as it emerged
at the suction side near the shroud wall, and continues to exist until the trailing
edge. The suppression of tip clearance effect on the velocity contour from the leading
edge up to 25% streamwise location is attributed to the Coriolis effect as explained
before. Since the tangential velocity at the shroud has a very negative value (-60
m/s opposite direction of the rotor blade) as seen in Figure 4.7, it is sufficient to
prevent the flow from passing through the tip clearance from pressure side to suction
side of the blade. However, as the flow gets further into the inducer, the flow loses
its tangential component as it turns more axial, thus the Coriolis effect cease to
exist. This allows the tip leakage flow to get through to the suction side and affect
the entire flow structure of the particular plane. Downstream the 50% streamwise
plane, the tip leakage flow mitigates further towards the centre pitch as it reaches the
trailing edge. The clearance flow however, does not mitigate in spanwise direction
therefore it always attaches to the shroud wall up until the flow reaches the trailing
edge of the rotor.
Figure 4.10: Locations of pressure and velocity contour in the rotor stage for (a)
streamwise plane, (b) spanwise plane and (c) blade-to-blade plane
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The corresponding pressure contour for each streamwise plane is plotted on the
right hand side of Figure 4.11. In general, for all streamwise plane except at trailing
edge, it can be seen that the pressure gradually increase from suction to pressure
surface. This behaviour is generally expected in any type of turbine. It is also
noticed that there exist a very low pressure region at the suction surface of the rotor
leading edge which is clear indication of flow separation despite optimum incidence
flow angle. With regards to the tip leakage flow that has been discussed before, it
can be seen that the influence begins to increase and inevitably has its effect on
the pressure distribution starting at 50% streamwise location. The tip leakage flow
that enters the turbine passage created a low pressure region as the flow velocity is
high and potentially induces flow separation close to the suction surface. Therefore
the low pressure region which is originally recorded close to the suction surface
hub (25% streamwise) has migrated towards the shroud region as the flow proceeds
downstream. Finally, as the flow exits the turbine, the pressure becomes stable and
close to the ambient pressure where hardly any spatial variation in the rotor passage
is noticed.
The velocity and pressure contour on three spanwise planes are plotted in Figure
4.12. The contour is plotted such that one is looking down towards the hub of the
rotor. At 5% spanwise location which is very close to the hub (about 1 mm from
the hub), it can be seen that there is a high velocity region attached close to the
suction surface near inlet of the rotor. Generally, in a rotor passage, one would
expect the flow velocity to increase as it reaches the rotor exit. While the statement
holds true as the whole system is taken into consideration, it is however not the case
for the flow field close the hub. There is even a low velocity island exists at about
75% streamwise location close to the pressure surface. The irregular observation as
opposed to commonly accepted theory is mainly attributed to a combined effect of
the flow turning very sharply close to the hub as well as the hub end of the wall
shear stress.
At mid-span, a small separation region is developed at the pressure surface near the
rotor inlet (labelled as X in Figure 4.12 at 50% span). The most severe and highly
irregular flow field is recorded at 95% spanwise location. Two major separation
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Figure 4.11: Velocity and pressure distribution at each streamwise location of the
rotor
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regions are detected. The first one occurs close to the turbine leading edge and up
to 25% streamwise location near the pressure surface (labelled as Y in Figure 4.12).
Meanwhile, the second and more severe occur at about 45% streamwise location
close to the suction surface (labelled as Z in Figure 4.12). The second separation
developed further downstream where it occupies 55% of the pitch and therefore
disturbing the primary flow. This behaviour is related to the proximity of the 95%
spanwise plane to the shroud wall and as such, the tip clearance. It has been
discussed before in Figure 4.11 that the tip leakage flow starts to develop at about
50% streamwise location where its effect to the rest of the passage can be clearly
seen in Figure 4.12. The pressure contour at 95% spanwise location also shows the
effect of having tip leakage flow to the rotor blade capability to generate torque. It
can be seen that at any similar streamwise location, the pressure would gradually
increase as the pitch distance from suction surface increases. However, close to the
pressure surface, the pressure suddenly drops back (circled in Figure 4.12), therefore
minimizing the blade capability to generate torque. This phenomenon occurs due
to the flow ability at particular spanwise location to accelerate and slip through the
tip clearance region, therefore reducing the pressure close to pressure surface.
In order to assess the power generation capability of the blade at different spanwise
position, the pressure loading on a blade located at 1800 circumferential location is
plotted. This plot can be seen in Figure 4.13 where three lines of different spanwise
locations which are at 5%, 50% and 95%. The static pressure in this plot is normal-
ized with the turbine inlet total pressure to simplify the analysis. The plot in Figure
4.13 represents the pressure loading exerted by the particular blade at any stream-
wise location. It is desirable to have uniform pressure loading at all streamwise
and spanwise locations of the blade. Figure 4.13 indicated that the loading exerted
at mid-span has the most steady distribution from the turbine blade leading edge
(streamwise location = 0.0) to its trailing edge (streamwise location = 1.0). At 95%
span, there exist a large pressure difference between pressure and suction surface at
0.53 streamwise location and then the difference rapidly becomes smaller toward the
blade trailing edge. This behaviour is a direct result of the flow separation induced
by strong turning curvature as well as the tip leakage flow as previously explained.
The lowest blade loading amongst all spanwise location is seen at 5% location where
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Figure 4.12: Velocity and pressure distribution at each spanwise location of the rotor
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Figure 4.13: Pressure loading on the blade at optimum operating condition of 30000
rpm
the pressure loading downstream of 0.6 streamwise location reduced quickly.
To complete the full 3-dimensional description of the flow field within the rotor
passage, the velocity and pressure contour at blade-to-blade locations is also plotted.
Figure 4.14 shows 3 locations of blade-to-blade planes on which the velocity and
pressure contour is plotted, namely 5% blade-to-blade (close to pressure surface of a
passage), 50% blade-to-blade (mid-passage) and 95% blade-to-blade (close to suction
surface of a passage). The plane locations are shown in Figure 4.10. In general,
the pressure contour indicated that at similar streamwise location, the pressure is
always higher at shroud as compared to hub. This is due to reduced passage width
as the flow gets closer to the hub, thus forcing the flow to accelerate and in turns,
reduce the pressure. Furthermore, by comparing the flow structure using the velocity
contour in Figure 4.14 , it can be seen that as the blade-to-blade plane moves away
from the pressure surface, there is a low velocity region that mitigates from about
20% streamwise close to the shroud to 50% streamwise and about 30 spanwise.
Subsequently, this low velocity region in the passage moves to 65% streamwise close
to the hub as the blade-to-blade plane approach the suction surface. Furthermore,
the effect of tip leakage is clearly visible in the velocity and pressure contours at
95% blade-to-blade. Another obvious observation in the pressure contour of Figure
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Figure 4.14: Velocity and Pressure distribution at 5%, 50% and 95% blade-to-blade
location
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4.14 is that there is a flow separation exists at the rotor hub. This observation
is clear at 50% and 95% blade-to-blade locations and but does not appear on 5%
plane. The particular feature of the flow separation near the rotor hub is commonly
seen in mixed flow turbine as indicated by Palfreyman and Martinez-Botas (2002).
Meanwhile, for the radial turbine, such feature ceases to exist (Palfreyman and
Martinez-Botas, 2002).
As the 3-dimensional flow structure has been described in the optimum condition
case, it is therefore necessary for the comparison to be made with off-design con-
dition. The comparisons mainly aim to investigate the effect of different operating
condition on the flow angle (specifically incidence angle) distribution at the rotor
inlet. It can be seen earlier in Figure 4.8 that the distribution of incidence angle as
the operating condition move away from the optimum either to a higher or lower
pressure ratio is not symmetrical. The increment of incidence angle as the pressure
ratio increases away from the optimum condition seems to be slower than the its
decrement as the pressure decreases. Therefore, one would expect that the vaned
volute will be beneficial at high pressure ratio and as such would result in higher
efficiency in unsteady flow condition. However, the averaged incidence angle alone
cannot be used as an ultimate tool toward overall turbocharger turbine performance.
Indeed, the whole 3-dimensional effect of the flow angle distribution has to be taken
into consideration. For this comparison purpose, two arbitrary off-design conditions
were chosen at higher and lower pressure ratio than the optimum condition.
Figure 4.15 shows the absolute angle variation at mid span of the entire rotor inlet
circumference for different operating conditions. It can be seen that for different
operating condition, the existence of vanes has turned the flow to an average value
of 710. However, as the absolute flow angle is resolved across the rotor inlet circum-
ference as indicated in Figure 4.15, it becomes clear that the flow is not constant,
and behaves differently as the pressure ratio increases. It can be seen that the in-
crement in pressure ratio results in high fluctuation range of the flow angle (60 at
2.2 PR compared to 10 at 1.17 PR).
Figure 4.16 shows the incidence angle distribution throughout the circumference of
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Figure 4.15: Plot of the absolute flow angle for 3600 circumferential location at the
rotor inlet for different operating conditions
Figure 4.16: Plot of the incidence flow angle for 3600 circumferential location at the
rotor inlet for different operating conditions
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rotor inlet for different cases. It can be seen that the deviation of incidence angle
from its averaged value for every case also increases as the pressure ratio increased.
This feature is expected since the increment of swallowing capacity would result in
higher meridional velocity and as such, the relative flow angle1. It is also seen that
higher range of fluctuation at high pressure ratio that exists in the absolute flow
angle plot (Figure 4.15) also exists in the incidence angle plot.
Figure 4.17 shows the incidence angle plot of the incidence angle across the spanwise
location for all operating conditions. It can be seen in Figure 4.17 that the low
pressure ratio case has the most evenly distributed incidence angle as compared to
the other to case. It also does not have sudden changes of incidence angle close to
the shroud wall. This shows that the low momentum flow is easily guided by the
vanes. However, close to the hub where the flow has started to turn into the axial
direction, the reduction of flow angle between 0.2 spanwise location and the hub
wall is clearly visible for all 3 cases.
Figure 4.17: Incidence angle at various spanwise positions for different operating
conditions
1the full feature of this behaviour is described in detail in Chapter 5
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4.4 Conclusion
From the full three-dimensional steady state analysis of the flow passage as well as
the comparison made at different off-design operating condition, it is clear that the
vane stage have a positive impact on the turbine performance at its design condition.
However, their existence have different effect on the flow at higher and lower pres-
sure ratio than the optimum condition (off-design) even though the average output
of the flow angle is identical. At high pressure ratio, the high momentum flow is
forced to turn in a short distance. This results in uneven distribution of flow angle
across the inlet circumference of the rotor. Meanwhile, during the low pressure ratio
operations, the vanes in current arrangement is more than capable to turn the flow
to its intended absolute flow angle with little variation in pitchwise and spanwise
direction. Therefore, low efficiency obtained during this operating condition is at-
tributed mostly due to the mismatch of the incidence angle of the flow that enters
the rotor. This investigation also discovers that a simple averaging procedure of
a certain critical parameters, in this analysis the flow and incidence angles, could
lead to misinterpretation of the predicted outcome of the rotor capability to perform
efficiently.
The discussion so far focused on the steady state turbine operating conditions. In
an actual engine, the introduction of pulsating flow as the result of reciprocating
motion of the exhaust valves inevitably changes the flow features that are seen in this
chapter. These features, made visually available by means of validated numerical
calculations, are the focus of the subsequent chapter.
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5.1 Introduction
This section provides detailed flow field review of the turbine operation under pulsat-
ing flow conditions. The first part of this section discusses the validation procedures,
followed by the analysis. The two main analysis conducted in this chapter is the flow
field comparison between steady and pulsating flow conditions, and also comparison
of flow field between different pulsating flow frequencies.
5.2 Validation exercises
For pulsating flow turbine operation conditions, multiple CFD calculations were
conducted at 50% and 80% design speed for each frequency (20, 40, 60 and 80 Hz).
These simulations are very extensive and computationally expensive where more
than 4Tb of post-processing data were gathered for total 8 simulations. All pulsat-
ing conditions were validated with available experimental results. To demonstrate
the validation exercises undertaken for these simulations, a single turbine operating
condition of 50% speed at 20 Hz is selected. Unlike the validation procedures for
steady state turbine operating condition where the chosen validation parameters
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are the derived quantities, the validation for pulsating turbine condition is focused
towards more fundamental parameters. In this case, two parameters namely static
pressure at 1800 volute circumference and the turbine rotor torque have been se-
lected. The selection of fundamental parameters instead of the turbine performance
parameters is done in order to validate the parameters obtained by CFD to the pa-
rameters that are measured during the experimental works. This ensures that any
deviations between CFD and experiment can be seen in time domain and a potential
source of error could be determined.
Figure 5.1: Comparison of static pressure at 1800 volute circumference between
experiment and CFD calculation
Figure 5.1 shows the plot of static pressure at the centroid 1800 volute circumfer-
ence for both experiment as well as CFD calculation. It can be seen that CFD
calculation is able to pick up the pressure trace well during the pressure increment
and decrement instance, as well as the trough region of the pulse. In addition the
calculated static pressure range also matched with the experimental data. However,
at the pulse peak, CFD calculation shows some deviation in terms of the phase of
the peak pressure. The peak pressure as indicated by CFD occurs about 100 phase
angle later than that of experimental plot. Nevertheless, the magnitude of both
peaks in good agreement to each other.
Following the validation of pressure trace in the volute stage, another parameter
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Figure 5.2: Comparison of rotor torque between experiment and CFD calculation
which is directly related to the turbine wheel, namely torque is plotted in Figure 5.2.
Overall, the CFD calculation agrees well with experimental data even though the
torque is calculated using different methods as explained in Chapter 2 and Chapter
3. The shifting of peak position that is seen previously in Figure 5.1 can still be
seen in the torque trace while the magnitude of peak torque is still in agreement to
each other. The validation of both parameters, despite slight shifting in the peak
region still indicate that the developed model is able to capture the time dependant
pulsating flow within the turbocharger turbine stage. Therefore, the viability of the
model for pulsating flow environment is confirmed and is used for further discussion
for the rest of this chapter.
5.3 Phase shift assessment
One of the interesting debates amongst researchers as explained in literature review
section in Section 1.2.4 is the phase-shifting methodology. In this section, this
methodology is explained in detail in terms of its importance in obtaining accurate
instantaneous turbine performance characteristic as well as comparison between the
two popular phase shifting techniques. The assessment in this chapter will allow a
5.3. Phase shift assessment 138
Chapter 5. Pulsating flow turbine operation
correct and consistent phase-shifting method to be selected and subsequently used
throughout the discussion.
The need for phase-shift is due to the different measurement location of the pa-
rameters required to evaluate the turbine instantaneous performance parameter.
For instance, in order to obtain the turbine efficiency, the parameters needed are
the isentropic and actual power. In the current research, the isentropic power are
obtained at the measurement plane upstream the volute inlet, whereas the actual
power are obtained at the rotor (see Figure 5.4). Therefore, in pulsating flow en-
vironment, the finite time required for both pressure and mass to propagate from
the measurement plane to the rotor needs to be taken into account during calcula-
tion of the turbine instantaneous efficiency. Otherwise, the calculated instantaneous
efficiency does not correspond to the exact instance of when the available energy
is being converted to the rotor actual power. This ultimately results in not only
abnormal but also misleading efficiency value.
The effect of shifted phase during data acquisition of isentropic and actual power
is clearly demonstrated in Figure 5.3 which shows the instantaneous isentropic and
actual power of the turbine for 50% speed at 20 Hz and 80 Hz without any phase-
shifting method applied. A black dotted line plotted on the similar axis for both
Figure 5.3 is the corresponding instantaneous turbine efficiency. It is obvious in
Figure 5.3 that the actual and isentropic power is not in the same phase where
actual power trend shifted to the right due to the measurement delay of the travel-
ling pressure waves. Furthermore, it can also be seen from the efficiency plot that
the value is far greater than unity especially in Figure 5.3(b) where the reason is
ultimately due to inconsistencies in the phase on which the efficiency is evaluated.
This is a clear indication that phase-shifting is needed in order to obtain accurate
instantaneous turbine performance characteristics.
At the moment, there are already a few methods of phase-shifting techniques intro-
duced by different researchers as detailed in Section 1.2.4. However there is also a
more simplistic method to correct for the phase different is to evaluate the time phase
by matching the peak point of isentropic and actual power. The other promising
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(a)
(b)
Figure 5.3: Isentropic and actual power plot as well as its instantaneous efficiency
without phase-shifting at 50% speed for (a) 20 Hz and (b) 80 Hz
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phase-shifting approach is by using the summation of sonic and bulk flow velocity
which has been used by Szymko (2006) and Rajoo (2007). In this section, these two
methods of phase-shifting are evaluated and one of them will be used throughout
the future analysis.
In order to evaluate both methods, evaluation of isentropic power is made at three
different planes, namely the measurement plane, the vane inlet and the rotor inlet
as indicated in Figure 5.4. These evaluations are made possible by employing the
available validated CFD results. The instantaneous isentropic powers available at
different planes are area averaged and serve as a comparison basis for calculation of
instantaneous efficiency. At these planes, the magnitude of calculated instantaneous
efficiency should therefore be highest when evaluated at rotor inlet, followed by vane
inlet and finally at the measurement plane. These efficiency values should be in the
constant order (ηRotorInlet > ηV aneInlet > ηMeasurementP lane) throughout a whole pulse
cycle if the phase-shifting is conducted properly.
Figure 5.4: Isentropic power measurement locations
Figure 5.5(a) shows the calculated isentropic and actual power at different locations
without any phase shifting. It is worthwhile to note that the plot of actual and
isentropic power at the measurement location is similar to that of Figure 5.3(a).
The right hand side of Figure 5.5(a) shows the calculated instantaneous efficiency
evaluated at different location. It can be seen that not only the efficiency value
is too high, but also it is also not arranged according to the correct order. If the
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(a)
(b)
(c)
Figure 5.5: Total-to-static efficiency evaluated at different locations (a) without
phase shifting, (b) phase shifted using peak power matching and (c) phase shifted
using summation of bulk flow and sonic velocity
5.3. Phase shift assessment 142
Chapter 5. Pulsating flow turbine operation
phase-shifting procedure is done using the peak power matching (Figure 5.5(b)), the
value and order of instantaneous efficiency at different locations improved greatly
as indicated in the right hand side of Figure 5.5(b). However, there are still a few
conditions which are out of order where the efficiency evaluated at the measurement
plane exceeds that of rotor inlet. This irregularities are labelled X and Y in Figure
5.5(b). For the second method, where the phase-shifting is done using the summation
of bulk and sonic velocity, the instantaneous efficiency plot improved even more as
can be seen in Figure 5.5(c). Although, the irregularities of efficiency order at
different location still exist.
There are several drawbacks that can potentially be deduced from both techniques.
Use of first method (peak power matching) can only be employed when the peak of
isentropic and actual power is clearly visible. Therefore as the pulsating frequency
increases, the interferences originated from pressure wave reflection and superposi-
tion could result in difficulties in locating this peak. This example of difficulties can
be clearly seen in Figure 5.3(b) where at the frequency of 80 Hz, no obvious peak can
be selected. For the second method (summation of bulk flow and sonic velocity), in
order to be able to calculate the time shift, additional information is needed which
is the location of entry point at the turbine inlet. At the moment, this point is
assumed to be at 1800 from the volute tongue. The assumption is based on the in-
formation from previous researches as well as evidence found in the current research
where phase-shifting using this location as entry point yielded reasonable efficiency
values. Furthermore, a quick calculation using peak power matching Figure 5.5(b)
revealed that the location of this entry point is 2300. However, this value seems not
to be consistent throughout all tested frequencies. Analysis of the weakness of these
two methods result in a definitive conclusion that phase-shifting using summation
of bulk and sonic velocity is able to provide better results with less ambiguity to
apply and calculate. Therefore, this method is used throughout the entire analysis
involving instantaneous efficiency parameter.
It is the main intention over decades of turbocharger research to improve the device’s
capability to recover as much energy as possible from the exhaust gas. With regards
to automotive internal combustion engine which produce highly pulsating flow, this
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means high instantaneous efficiency is demanded throughout the pulses. However,
steady-state turbine performance analysis already indicated that efficiency always
varies over operation range of a turbine. The introduction of pulsating flow condition
has been proven to have altered the turbine performance relative to steady condition,
and also worsen its efficiency. The inability to increase the efficiency of the turbine
under pulsating flow condition is due to the lack of understanding on its behaviour
during such condition. Therefore, the discussion in this section are focused on the
flow field behaviour within the turbine stage under pulsating flow conditions. Due
to the high computational demand to investigate this issue, not much literature is
available, thus signifying the novelty of the current work.
Figure 5.6: Instantaneous efficiency, isentropic power and actual power for different
frequencies at 50% turbine speed
Figure 5.6 shows the instantaneous isentropic and actual power as well as the instan-
taneous efficiency on the secondary axis for turbine operating at 50% design speed
for variation of frequencies (20, 40, 60 and 80 Hz). In general, it can be seen from the
Figure 5.6 that the turbine fails to maintain constantly high efficiency throughout
a pulse cycle regardless of its operating frequency. As the frequency increases, the
amplitude of isentropic and actual power varies more significantly with additional
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secondary and tertiary peaks due to reflection and superposition of pressure wave.
These features inevitably result in more unpredictable progression of instantaneous
efficiency. Furthermore, there are also instances where the actual power exceeds
isentropic power which results in instantaneous efficiency higher than unity, even
after phase-shifting process is done. This behaviour was addressed before by previ-
ous researchers which attributed this observation due to free-wheeling of the turbine
rotor at low pressure ratio instances as a result of its inertia.
In pulsating flow environment, even though maintaining constant efficiency is not
possible, it is desirable to have high instantaneous efficiency at the instances where
most of the power are available (peak isentropic power), i.e. high pressure ratio
instance. In Figure 5.6, it can be seen that the desirable condition has not been
met. In fact, the efficiency is low at high isentropic power instances. In the 20
Hz and 40 Hz cases, this behaviour occurs at phase angle between 500 to 1000.
Meanwhile for 40 Hz and 60 Hz, it occurs at phase angle between 300 to 1200.
5.4 Incidence angle effect on the turbine perfor-
mance
Unlike the ICE that is able to maintain efficient performance over relatively large
operating range, turbo machines have narrow operating range and highly dependent
on the flow angle (Watson and Janota, 1982). As such, the investigation is focused
on the various flow angle associated with the turbine wheel.
In a pulsating flow condition, the changing nature of flow field with regards to time
at the turbine inlet is best represented by incidence angle. Figure 5.7 shows the
circumferentially averaged incidence angle progression over pulse phase angle for
variation of pulsating frequencies. Optimum incidence range between -200 and -300
as indicated by Japikse and Baines (1994) is marked by a grey region in Figure 5.7.
Since the optimum incidence should result in less separation and secondary flow in
the turbine passages, it would be beneficial to design a turbine that could maintain
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Figure 5.7: Instantaneous incidence angle at 50% speed
this incidence throughout a pulse. However, this is proven difficult as incidence angle
varies up to ±500 away from optimum value as indicated in Figure 5.7. High positive
incidence angle value would result in separation at the blade suction surface whereas
high negative incidence would induce separation at the blade pressure surface. As
the consequence of both conditions, the effective flow area in the passage is reduced
and therefore restricting primary flow.
With regards to the relationship of instantaneous incidence to the pressure ratio,
it can be seen that the incidence angle tend to be at its highest point (highly
positive) at maximum pressure ratio. This is a direct contradiction of the attempt
to manipulate the incidence angle to be at its optimum value at this instance. This
behaviour of incidence angle shifting can be explained by studying the velocity
triangle in Figure 5.8.
In Figure 5.8, the notation 1 (black lines) and 2 (green lines) are representative of
two different rotor inlet flow conditions. The total pressure at 2 is higher than total
pressure at 1. As the pressure increase from condition 1 to 2, the absolute flow
angle, α, remains as the volute was designed to provide a constant absolute flow
angle (in this case 690). With the mass flow rate increases from condition 1 to 2, the
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Figure 5.8: Velocity triangle representing change in incidence angle
meridional component of absolute flow velocity also increases as m˙ = ρCmA
1. This
reaction resulted in the change of direction of the relative flow angle from opposite
the turbine rotation (W1) to the same direction as the turbine rotation (W2). This
prompted the relative flow angle and incidence angle to increase. Therefore, from
this analysis, it can be seen that at a constant turbine speed, the value of incidence
angle tend to be high at high pressure ratio instances in a pulse, which is not a
favourable situation. However, as one would expect, it is possible to introduce
changes to the incidence angle by changing the turbine speed.
Figure 5.9 shows the plot of instantaneous incidence angle for various flow frequency
at 80% turbine speed. It can be seen that the maximum incidence angle is reduced as
compared to its values at 50% speed (Figure 5.7). For instance, at 20 Hz frequency,
the maximum incidence at 80% speed is recorded to be at 80 as compared to 280 at
50% speed. This also means that the maximum incidence angle has been brought
closer to the optimum values. This development resulted in the increment of the
cycle-averaged efficiency tabulated in Table 5.1.
Figure 5.10 shows the plot of instantaneous efficiency altogether with the plot of
actual and isentropic power at 80% turbine speed. Although it is still difficult to
characterize the trend of the instantaneous efficiency plot, considerable improvement
1it can be shown that at low Mach number the changes of mass flow rate is governed mostly by
changes of velocity than density (assuming constant flow area)
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Figure 5.9: Instantaneous incidence angle at 80% speed
Table 5.1: Cycle-averaged efficiency magnitude for all test conditions
η30000rpm(%) η48000rpm(%) ∆η(η48000rpm−η30000rpm)(%)
40 Hz 62 70 +8
60 Hz 65 71 +6
80 Hz 63 72 +9
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Figure 5.10: Instantaneous efficiency, isentropic power and actual power for different
frequencies at 80% turbine speed
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at high power instances is recorded. For example, at 20 Hz, the instantaneous
efficiency at the particular instance for 80% speed is recorded to be 65%, 15% higher
than the value recorded at equivalent condition for 50% speed (Figure 5.6). However,
as the whole range of incidence angle is brought to a lower magnitude at higher
speed, the incidence angle at low pressure ratio has a very high negative value. This
translates into the efficiency penalty at low power instances as demonstrated in 20 Hz
frequency in Figure 5.10 where the turbine has only 40% efficiency at the beginning
and end of the pulse as compared to 60% at 50% speed. Nevertheless, the trough
region of a pulse does not contributed much towards the average power output of the
turbine. The focus to harness more available energy at high powered instances is also
the reason why the power weighted-averaged for the turbine unsteady performance
parameter is more suitable quantity than a time-averaged values. Additionally,
power weighted-averaged efficiency also eliminate the phasing effect.
Due to the difficulty maintaining constant optimum incidence at all time, it is desir-
able to match the optimum incidence at high power instances in a pulse. However,
the incidence angle tends to be at its maximum during this instance. Increase in
speed that brought the incidence angle closer to its optimum value has resulted in
the cycle-averaged efficiency increment, albeit the turbine suffers poor performance
at the trough region of the pulse. Design of rotor inlet that incorporates more neg-
ative blade angle to match the optimum incidence could also help in improving the
cycle-averaged turbine efficiency.
5.5 Pulsating flow vs. steady flow analysis
5.5.1 Flow angle comparison
In order to analyse the unsteady flow field during pulsating operations of the turbine,
several conditions were selected on which the analyses are focused on. It would also
be useful to compare those conditions to that of the equivalent steady state operating
conditions. For this purpose, one with equivalent pressure ratio is selected. For the
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particular analysis, a single operating condition of 50% turbine speed operating at
20 Hz pulsating frequency is selected. This point is chosen due to its pulse shape
that is relatively free of any pressure superposition or reflection where only one
clear peak is visible. Three pressure instances are selected with an additional point
from steady state calculation. The instance of selected conditions are detailed and
visualized in Table 5.2 and Figure 5.11 respectively.
Table 5.2: Unsteady and steady conditions for flow field analysis
Point Total Inlet Pressure [kPa] Description
pt1 160.0 increasing pressure
pt2 160.0 decreasing pressure
pt3 225.1 peak pressure
pt4 160.0 steady pressure
Figure 5.11: Unsteady and steady conditions for flow field analysis
Pt1 and pt2 are taken at similar pressure ratio but at different instances whereas Pt3
is taken at the highest pressure ratio condition in the current case. The magnitude
for pt1 and pt2 are selected at mid range pressure between the lowest and the highest
pressure in the particular operating condition (50% speed at 20 Hz frequency).
Meanwhile, pt4 is a condition of the steady state operation equivalent to Pt1 and
Pt2.
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Figure 5.12: Flow angle distribution against the circumferential location at the vane
inlet
Figure 5.12 shows the flow angle at the circumference of the vanes inlet for all
four conditions. It is interesting to note that all four conditions indicated almost
similar flow angle variation circumferentially. In general it can be seen that all four
conditions indicated that the volute is capable of maintaining the flow angle at the
average value of 730 from 00 until 2000 circumferential position after which the flow
angle drops gradually for about 100 before reaching the end of volute circumference.
The minimum value of flow angle is recorded for pt1 at 3500 with the magnitude of
600. Meanwhile, large deviation towards high magnitude of flow angle occurs close
to the tongue region (in the vicinity of 00 and 3600). This behaviour is seen for all
four conditions. This indicated that the flow close to the tongue is almost tangential
regardless of the inlet conditions whether it is steady or pulsating flow.
It has been indicated earlier in Figure 4.6 during steady state operation analysis
that the vanes are responsible to provide uniformly distributed absolute flow angle
throughout the inlet circumference of the rotor. However, at the proximity of the
rotor blade, the flow angle experienced changes due to the effect of back pressure.
In an optimum steady flow operations, these changes are recorded to be less than
±20 from the mean value. For the analysis in this section, the absolute flow angle
distribution for four conditions described in Table 5.2 are plotted.
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Figure 5.13: Absolute flow angle plot at the rotor inlet circumference
Figure 5.13 shows the plot of circumferential distribution of absolute flow angle at
the rotor inlet for all four operating conditions. It can be seen in that the although
the average value of the flow angle at these conditions are relatively similar (720),
there is a clear difference between the magnitude of flow angle deviation between
steady (pt4) and unsteady conditions (pt1, pt2 and pt3) as the flow approaches
the rotor inlet. Pt4 shows flow angle fluctuations in the range of 50 as compared
to the other three unsteady conditions which have almost 200 range, an increment
of 400%. This magnitude of fluctuation is even more than the fluctuation during
high pressure steady state condition indicated earlier in Figure 4.15. It is also
seen that the fluctuation range of the flow angle under pulsating flow condition is
similar regardless of its pressure level. It is therefore clear from Figure 5.13 that the
introduction of pulsating flow has resulted in unfavourable condition at the rotor
inlet even though with the help of guide vanes.
The relative angle at the circumferential location of the rotor inlet for all four con-
ditions is plotted in Figure 5.14. As all the conditions that are selected are at higher
than optimum pressure ratio (1.3 during steady state condition), one would expect
that the relative flow angle is positive in magnitude. In general, it can be seen in
Figure 5.14 that the relative flow angle distribution for pt1, pt2 and pt3 are not as
close together as their absolute flow angle distribution. It can be seen that pt4 still
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Figure 5.14: Relative flow angle plot at the rotor inlet circumference
maintain small range of fluctuations of the relative flow angle(80). Pt1 indicated the
most severe fluctuation amongst as compared to the other conditions. The range
of relative flow angle fluctuation is up to 600 at this condition. Figure 5.14 also
indicated that the initial expectation that pt1 and pt2 would operate closely due to
similar pressure level at inlet is incorrect. In fact, the relative flow angle at pt2 is
larger at most of the circumferential location than pt1. Smaller fluctuation range is
recorded at pt2 as compared to pt1, indicating better circumferential distribution of
the relative flow angle. The comparison with equivalent steady state condition (pt4)
indicated that the relative flow angle during pressure decrement is likely to be similar
to the steady state than during the pressure increment period. Additionally, during
the pressure increment period (pt1), it can be seen that the tongue has a clear effect
on relative flow angle where its value dropped very low as the flow approaches 3600
circumferential location. This feature ceases to exist at any other chosen conditions.
This shows that the pulsating flow field has more influence in deteriorating the flow
angle during pressure increment than during pressure decrement period.
Figure 5.15 shows the plot of rotor efficiency against area-averaged incidence angle
for a single case of pulsating condition (50% speed and 20 Hz frequency) as well
for the steady state operations at multiple pressure ratio operating conditions. The
black dots on Figure 5.15 marked the locations of interest as previously detailed in
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Figure 5.15: Area averaged incidence angle plot for both steady and pulsating con-
ditions
5.2. It can be seen in Figure 5.15 that the hysteresis loop of the incidence angle is
formed for pulsating flow condition where at any point of similar incidence, there
are two different efficiency values. It is also clear from the Figure 5.15 that the
turbine performance behaviour during pressure decrement period is closer to the
steady state operation than during pressure increment period. This plot also serves
as an indication that the operating condition of a turbine wheel under pulsating
flow condition does not necessarily be similar at different instances even though the
averaged incidence angle that enters the rotor passage is identical.
5.5.2 Flow field comparison
Figure 5.16 shows the pressure distribution downstream of the vanes row at peak
pressure condition at 50% speed and 20 Hz frequency. The pressure contour range
is plotted at mid-span with the turbine exit facing outward of the paper. There is a
clear pressure variation at the vane inlet close to the tongue before the flow at the
volute end recirculates back into the main flow. This feature is labelled as X in Figure
5.16. This flow distortion is already indicated earlier in Figure 5.12 where the flow
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Figure 5.16: Pressure contour at maximum pressure ratio condition at 50% speed
and 20 Hz frequency
angle is recorded to be as high as 850, which is almost tangential. Furthermore, it is
also seen in Figure 5.16 that the pressure variation at the particular region directly
influenced the flow downstream the vane passage. Within the rotor passages, it
can be seen that the pressure pattern is not repeating for each passage where there
exist some variations of pressure between passages that have not been seen during
steady state operations. However, no particular trend is seen with regards to these
variations.
In order to visualize the details of the flow field within the passage, the pressure
and velocity contour are plotted for a few spanwise planes for all four conditions of
interest. Three spanwise planes at 5%, 50% and 95% spanwise location are selected
and the positions of these planes are visualized in Figure 4.10.
Figure 5.17 shows the pressure contour plot for pt1, pt2 and pt4 at different blade-
to-blade planes. It is clear from Figure 5.17 that the distribution of pressure field is
significantly different from each other, albeit similar total pressure at the vanes inlet.
The pressure field distribution for both pt1 and pt2 appear to be less uniform as
compared to pt4 at all spanwise planes. It is also evidence from Figure 5.17 that the
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Figure 5.17: Static pressure distribution on blade-to-blade planes for pt1, pt2 and
pt4
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low pressure (flow separation) region close to the suction surface within the passage
is larger during the pressure decrement period (pt2) than the pressure increment
(pt1) period during a pulse. The worst distribution of pressure field occur at pt1
and pt2 at 95% blade-to-blade plane due to the combined effect of tip leakage flow
as well as the unsteadiness of the incoming flow. Even though there is a large low
pressure region near the suction surface at 95% blade-to-blade plane for the steady
condition (pt4), this region is limited only close to the suction surface until the
flow reaches the rotor trailing edge. On the other hand, other conditions especially
pt2 indicated that the low pressure region keeps growing and occupies most of the
passage as the flow exit the turbine.
Figure 5.18 shows the velocity contour for pt1, pt2 and pt4 at different blade-to-
blade plane. Since the selected inlet total pressure for the comparison of these three
conditions are at higher-than-optimum pressure, one would expect that the velocity
field distribution within the rotor passage is not as uniform as seen earlier in Figure
4.14. This behaviour occurs due to positive incidence angle as well as its non-
uniformity at the rotor inlet. Despite that, it can still obvious in Figure 5.18 that
the velocity distribution at pt1 and pt2 are more irregular than its distribution at
pt4. As expected from the analysis of pressure contour in Figure 5.17, the velocity
distribution of pt1 (increasing pressure) is rather different than pt2 (decreasing
pressure).
Another phenomenon that can be seen in Figure 5.17 is the comparison of the
velocity contour behaviour at 5% spanwise location between steady(pt4) and un-
steady(pt1 and pt2) conditions. At pt4, it can be seen that the low velocity region
emerged at about 30% up to 60% streamwise location close to the suction surface
whereas for the other two unsteady conditions (pt1 and pt2), the low velocity region
emerged close to the leading edge of the rotor up to about 50% streamwise location,
also close to the suction surface.
The second part of the flow field comparison involves the three unsteady conditions
which are pt1, pt2 and pt3. The pressure contours for these conditions are plotted
in Figure 5.19. It can be seen that during pulsating flow conditions, the pressure
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Figure 5.18: Velocity distribution on blade-to-blade planes for pt1, pt2 and pt4
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distribution is distorted at all times especially close to the shroud wall (95% span)
due to the reason explained before. At high pressure ratio (pt3), the region of low
pressure at 5% spanwise location seems to be occupying half the passage pitch at
20% streamwise but also bounded only up to about 40% streamwise location close to
the suction surface. Another interesting observation is that the low pressure region
that exists in pt3 which is mostly close to the suction surface is very close in terms
of its magnitude to the low pressure region recorded in pt1 and pt2.
Figure 5.19: Static pressure distribution on blade-to-blade planes for pt1, pt3 and
pt2
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Figure 5.20: Velocity distribution on blade-to-blade planes for pt1, pt3 and pt2
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Figure 5.20 shows the velocity contour at different spanwise planes for pt1, pt2,
and pt3. At 5% spanwise location, it can be seen that there is a low velocity
region close to the suction surface and originated from the leading edge for all the
conditions. This is one of the key differences in the velocity profile between pulsating
and steady turbine operations where the low velocity occurs slightly downstream
during steady operations as indicated in Figure 5.18. This behaviour is still visible
at 50% spanwise location. However this particular feature at mid-span is not unique
to pulsating condition since it also exists during steady operations. Meanwhile,
close to the shroud wall, the low velocity region ceases to exist close to the suction
surface leading edge but has mitigated downstream for pt3. For pt1 and pt2, the
low velocity now occurred close to the leading edge pressure surface.
5.6 Pulsating flow at different frequencies
By using the CFD data of the turbine under pulsating operations, it is also possible
to investigate the flow field at similar level of pressure for each individual frequency.
In this exercise, it is felt that the comparison at similar inlet total pressure level
is more reasonable than comparing the flow field at peak pressure pulse for each
frequency. Not only that the peak pressure occurs at different level of pressure
which would compromise the ability to plot consistent contour, but also for some
cases of higher frequency flow have multiple peaks due to pressure reflection and
superposition in the turbine stage. Furthermore, this comparison would provide
some information whether or not the flow patterns are repeatable at any frequency.
As the pressure amplitude is different for each frequency, it is not possible to de-
duce a constant intermediate pressure level to conduct the analysis. Therefore, the
pressure ratio of 1.4 is selected since it is the highest pressure ratio that could be
achieve without the interference of multiple peaks and troughs particularly at 80 Hz
flow frequency. Figure 5.21 shows the selected conditions for analysis for all flow
frequencies.
Figure 5.22 shows the plot of flow angle at the volute exit/vane inlet against the
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Figure 5.21: conditions of interest for the analysis at similar pressure level at different
pulsating frequencies
Figure 5.22: Flow angle at vane inlet for all frequencies during the pressure increment
instances
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circumferential locations for all frequencies during the pressure increment period. It
can be seen in Figure 5.22 that there are two groups of flow angle that are close to
each other. 20 Hz and 40 Hz cases form one group while 60 Hz and 80 Hz cases form
the other flow angle group which has 50 higher flow angle. However, towards the end
of the volute (circumferential location greater than 2700), these two groups of flow
angle merge to a similar fluctuating value until the end of the volute circumference.
Close to the tongue region, the flow angle for all frequencies elevated to almost
1000. This feature occur after the flow angle dropped significantly at 3300 volute
circumference to 550 flow angle, 140 less than its intended angle. The flow angle
that is larger than 900 (at 3600 circumference) at the vane inlet indicated negative
streamwise velocity which is a direct result from flow recirculation that causes the
flow close to the tongue region to move away from the vane inlet. This behaviour
potentially results in highly distorted flow field as discussed earlier in Figure 5.16,
albeit at a different pressure level.
Figure 5.23: Absolute flow angle at rotor inlet for all frequencies during the pressure
increment instances
Figure 5.23 shows the absolute flow angle plot against the circumferential location
at the mid-span of rotor inlet for all flow frequencies during the pressure increment
period. As the flow passes the vane passages, Figure 5.23 indicated that the groups
of flow angle that existed at the vane inlet has now disappeared. The absolute
flow angles at every frequency are now close to each other albeit still fluctuating
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due to proximity of the rotor blade. Despite that, not all flow angles fluctuate at
similar phase to each other for the circumferential location less than 1000. For the
particular circumferential location (<1000) , only the flow angle at 20 Hz and 40 Hz
pulsating frequency fluctuate at similar phase whereas the other two frequencies has
a rather different flow angle pattern. However, at higher than 1000 circumferential
location, the flow angles for all frequencies are close to each other. At the end of the
circumferential location, the flow angle at 40 Hz indicated higher value (740) than
the other frequencies (670).
Figure 5.24: Relative flow angle at rotor inlet for all frequencies during the pressure
increment instances
Another type of flow angle that is of interest in the analysis is the relative flow
angle at rotor inlet due to its direct relationship with incidence angle (i = β − 200).
Figure 5.24 shows the relative flow angle distribution for all flow frequency at the
rotor inlet during the pressure increment instance. In general, Figure 5.24 indicated
that between 00 to 2000 circumferential location, there are two groups of relative
flow angle at different level of magnitude. Downstream this location, it can be seen
that these groups of flow angle merge with each other until the volute end. In terms
of the magnitude of relative flow angle at circumferential location less than 2000, the
20 Hz case has the highest relative flow angle, followed by 40 Hz, 80 Hz and finally
60 Hz case. As for the two groups mentioned earlier, one at lower level of magnitude
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consists of 60 Hz and 80 Hz flow frequencies where the other group consists of the
other two flow frequencies. The reason for these separations of relative flow angle
magnitude at different frequencies has yet to be determined. At higher than 2000
circumferential location, the trend of the magnitude of relative flow angle according
to each flow frequencies cannot be determined properly as the order keep changing
as circumferential location increases. Furthermore, as the two groups of flow angle
merge with each other, the relative flow angle for 60 Hz and 80 Hz frequencies
have increased at 2000 circumferential locations and then decreased again at 3300
circumference. On the other hand, the relative flow angle for 20 Hz and 40 Hz
frequencies are relatively stable before suddenly decreased at 3300 circumferential
location. In addition, the plot of relative flow angle in Figure 5.24 also shows that
there is no direct relationship between the absolute and relative flow angle in terms
of their trends across the rotor inlet circumference.
Figure 5.25: Flow angle at vane inlet for all frequencies during the pressure decre-
ment instances
Figure 5.25 shows the plot of flow angle against the circumferential location at mid-
span of the vane inlet for all the flow frequencies during the pressure decrement
period in a pulse. As opposed to Figure 5.22 (similar plot but during pressure
increment period), Figure 5.25 shows that the flow angle for all frequencies are
very close to each other except when the flow approaches the volute end. It can
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be seen in Figure 5.25 that the flow angle for all frequencies recorded an average
value of 720. Furthermore there is no indication that the flow angle goes beyond 900
at this instance. This observation indicated that there is no negative streamwise
flow (reverse flow) occurs close to the recirculation region albeit the flow angle is
relatively high close to the tongue. This is a significant improvement of the flow angle
distribution at this area when compared to the similar pressure level during pressure
increment period (see Figure 5.22) where negative streamwise flow is observed. In
Figure 5.25, the differences of flow angle according to individual frequency only
emerged after the flow passes 2700 circumferential location where the largest flow
angle deviation from each other is recorded at 3470 circumferential location with the
magnitude of only 60.
Figure 5.26: Absolute flow angle at rotor inlet for all frequencies during the pressure
decrement instances
As the flow angle prior to the vanes during pressure decrement is more uniform than
pressure increment period, one would expect that the flow angle at the vane exit
will share similar attributes. Figure 5.26 shows the plot of absolute flow angle at
the rotor inlet against the circumferential location for all flow frequencies during
the pressure decrement period. In general, it can be seen that the vanes generally
amplifies the local fluctuations caused by the blades, although maintaining similar
averaged absolute flow angle for all flow frequencies. The seemingly out of phase
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between 20 Hz/60 Hz and 40 Hz/80 Hz is attributed to the rotor blades location
during the instance where the data is obtained. Another interesting observation that
could be made from Figure 5.26 is that the amplitudes of the fluctuation of absolute
flow angle for all frequencies are constant throughout the circumference of the rotor
inlet. This behaviour is not seen earlier during pressure increment period (see Figure
5.23) where the flow angle fluctuations are higher at certain circumferential location
that then others.
Figure 5.27: Relative flow angle at rotor inlet for all frequencies during the pressure
decrement instances
Perhaps, the most significant difference between the flow angle during pressure in-
crement and decrement period is the relative flow angle. Figure 5.27 shows the plot
of relative flow angle at mid-span of rotor inlet against the circumferential location
for different flow frequencies during pressure decrement period. From this figure,
it can be seen that the local fluctuations of the relative flow angle are contained
within a certain range. This means that the averaged incidence angle for all flow
frequencies is identical. Moreover, this observation shows direct contradictions from
the similar plot of relative flow angle during pressure increment period where the
fluctuation span is a lot larger and strongly dependent on the individual frequency.
The average relative flow angle during the particular pressure decrement instance
is 300, which corresponds to 100 incidence angle. Although it is fluctuating, the
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relative flow angles maintain its positive value for all flow frequencies.
The analysis from this section revealed that the flow field could be behaving simi-
larly or differently for each frequency depending on the instance. When the pressure
is increasing, the flow angle distribution at the vane inlet is divided into two groups
of 20 Hz/40 Hz and 60 Hz/80 Hz where the latter group indicated higher flow angle.
These groups later disappear as the flow passes the vane rows. However, the plot
of relative flow angle at similar location again revealed these groups, thus eliminate
linkage between absolute and relative flow angle in terms of their trends across the
rotor inlet circumference. Furthermore, the flow angle distribution improves signif-
icantly during pressure decrement period. At this instance, the range of localized
fluctuations of absolute flow angle for all frequencies are constant throughout the
circumference of the rotor inlet. The plot of relative flow angle during pressure
decrement period also suggests that the localized fluctuation is contained within a
certain range. These analyses support the findings in section 5.5.1 which indicates
that the turbine performance during pressure decrement period is closer to steady
state performance as compared to the pressure increment period. This appears to
be true for all flow frequencies.
5.7 Flow ‘unsteadiness’ in the turbine stage
5.7.1 Review on Quasi-steady Mass Flow Parameter
The assumption that the turbine rotor would behave quasi-steadily due to short
distance of the travelling flow as compared to the overall turbine stage (volute, vanes
and rotor) is widely accepted. This section intends to evaluate this assumption by
using the available CFD results.
Figure 5.28 shows the turbine swallowing capacity evaluated at different planes,
namely volute inlet and rotor inlet for steady and pulsating operations. It is obvi-
ous from the plot that the swallowing capacity plots for every frequency fall into a
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(a)
(b)
Figure 5.28: Mass flow parameter plot at (a) volute inlet and (b) rotor inlet
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single line when they are evaluated at the rotor inlet, therefore proving the quasi-
steady assumption. Not only that, the mass flow parameter obtained for pulsating
flow operations coincide with the steady state mass flow parameter evaluated at the
similar plane (rotor inlet). However, the comparison with the steady state swallow-
ing capacity evaluated at the volute inlet indicated that the mass flow parameter
evaluated at the rotor inlet has higher magnitude at all operating conditions. This
presents a new issue since the quasi-steady assumption of the turbine deviates away
from the conventional turbine map which is evaluated at the volute inlet. Therefore,
this analysis revealed that even though the quasi-steady assumption for the rotor
wheel is true, there is a need to adjust for the swallowing capacity differences that
occur particularly at high pressure ratio conditions.
5.7.2 Lambda Parameter
In order to quantify the significance of unsteady flow condition to the turbine perfor-
mance characteristics, several researchers such as Szymko et al. (2005) and Costall
(2007) utilized the pressure modified Strouhal number (sometimes called reduced
frequency) as the main parameter. The Strouhal number is defined as:
St =
fL0
U0
=
T0
t0
(5.1)
Greitzer et al. (2004) described the physical interpretation of the Strouhal number.
If the fluid particle travel at velocity U0 in the domain of length L0, the Strouhal
number is defined as the ratio of the time for fluid particle transport through the
device L0
U0
to the time scale associated with unsteadiness, in this case 1
f
. There-
fore, small values of St mean that fluid particles barely experience any change due
to unsteadiness, while large values mean that fluid particle experience substantial
variation during its transport time.
According to Equation 5.1, if the domain size and fluid particle velocity is kept the
same, the value of Strouhal number will continue to increase if frequency increases.
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This would mean that the influence unsteady effect will continue to dominate if
frequency is increased. However, this condition is not necessarily true. As an ex-
ample, the turbulent disturbance has very high frequency (in the order of 1MHz)
but could be treated as quasi-steady due to its small amplitude. This ambiguity has
become an important motivation to include the effect of pulse amplitude to properly
characterize the level of ‘unsteadiness’ in the turbocharger turbine stage.
In addressing this issue, Greitzer et al. (2004) pointed out that one of the important
definition of steady-state flow condition is that the system must not have any mass
imbalance. Copeland et al. (2012) and Newton (2014) pointed out that the ratio
between time-averaged mass flow changes in the domain and time-averaged mass
flow through the domain could be used as an indication of mass imbalance in the
turbine stage. This ratio is represented as
2∆ρV0
t0
÷ ρ0U0A0 = 2∆ρ
ρ0
V0
U0A0t0
=
2∆ρ
ρ0
L0
U0t0
(5.2)
It is obvious that the result of this division could be represented as a product of
the Strouhal number, St. Assuming an adiabatic system, the density terms in the
equation could be interchanged with pressure. Therefore, the final mass imbalance
ratio can be expressed as a product of the Strouhal number St and a pressure
amplitude weighting factor given the symbol of capital Pi, Π.
2∆ρ
ρ0
L0
U0t0
=
2∆ρ
ρ0
St =
2∆P
γP0
= ΠXSt = Λ (5.3)
Copeland et al. (2012) presented the final term of this derivation procedures as
lambda parameter, Λ. If this parameter approaches unity, the average rate of mass
change within the domain is of similar or comparable magnitude as the average
rate of mass travelling in and out of the domain. Therefore there is a significant
discrepancy between the mass flowing in and out of the domain and as such the
system cannot be assumed to be quasi-steady.
Figure 5.29 shows the plot of three non-dimensional parameters which are Strouhal,
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Figure 5.29: Strouhal, Pi and Lambda parameter plot against the flow frequency
for both 50% and 80% turbine speed
Pi and Lambda parameter against the flow frequencies for 50% and 80% turbine
speed. It can be seen that for the Strouhal number plot, the values continue to
increase as the frequency increases. Constant offset of the Strouhal number between
50% and 80% turbine speed is also seen due to higher flow velocity required to spin
the turbine at higher speed, thus lowering the Strouhal number. As for the plot of
the Π parameter in Figure 5.29, it is clear that its values decrease as the frequency
increases. This behaviour agrees with the definition of the Π parameter which is
effectively the amplitude of the pressure pulse. However, the decrement of the Π
value as the frequency increases is not as linear as the increment of the Strouhal
number. The value of Π reduces much quicker at low frequency and then reduces
rather slowly at higher frequency where it is expected to level off at certain minimum
value. Both operations at 50% and 80% turbine speeds show marginal difference of
Π value throughout the operating frequencies.
As indicated in Equation 5.3, the result of the multiplication of the Strouhal and Pi
number is known as the Lambda parameter(Λ) which is also plotted in Figure 5.29.
The plot of Λ indicated that the mass imbalance in the turbocharger turbine stage
does not necessarily increase as the frequency increases. The highest mass imbalance
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is recorded somewhere close to pulsating frequency of 60 Hz – 70 Hz (marked X in
Figure 5.29). At higher frequency, the Λ value started to decrease. However, since
the Strouhal number increased linearly as the frequency increased, and as the Π
number reaches its minimum asymptotic value, the Λ value is expected to increase
even more when the flow frequency is sufficiently high.
5.8 Pressure distribution on the turbine blade sur-
face
This section intends to discover the power generation capability at particular lo-
cations of the turbine blades at different operating conditions. This is done using
similar operating conditions indicated earlier in Table 5.2. Figure 5.30 shows the
plot of normalized static pressure at different span of the blade surface for different
operating conditions.
Figure 5.30 reveals that the most distorted pressure loading occur close to the hub
region (Figure 5.30(a))where multiple flow separations1 are detected as the flow
travels the entire streamwise length. For current conditions where the relative flow
angle is positive, the flow separation is likely to occur on the suction surface than
the pressure surface. During pulsating flow turbine operations (pt1, pt2 and pt3),
close to the hub region, the pressure difference between pressure and suction surface
(therefore the blade power generation capability), is reduced to almost negligible
value, even slightly negative value (work is transferred from the rotor blade to the
fluid) between 50% to 60% streamwise location. This feature is indicated by label
X in Figure 5.30. Meanwhile, for pt4 (steady-state condition), even though the
separation region is still visible, the entire streamwise length of the blade is shows
higher pressure level on the pressure surface than the suction surface.
At 50% spanwise location, it is interesting to see that pt1, pt2, and pt4 have almost
similar pressure profile at the pressure surface. On the other hand, at the suction
1indicated by sudden increase in PsP01 value
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(a)
(b)
(c)
Figure 5.30: Plot of normalized surface pressure of the blade at (a) 5% span, (b)
50% span and (c) 95% span
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surface, pt1 and pt2 have lower pressure distribution at all locations as compared to
pt4. This observation suggests that at similar inlet total pressure, turbine operating
under pulsating flow condition is capable of generating more power at mid-span of
the blade as compared to its steady counterpart. Moreover, the power generated
when the pressure is decreasing in a pulse (pt2) is higher at the blade mid-span as
compared to the instance where the pressure is increasing (pt1). Meanwhile, at the
highest pressure instance in a pulse (pt3), the pressure difference between pressure
and suction surface is constantly higher than the other conditions throughout the
entire streamwise locations.
The surface pressure distribution recorded at 95% spanwise location (close to the
shroud) shows slightly different behaviour compared to mid-span location. It can be
seen in Figure 5.30(c) that the pressure difference is higher for all pt1, pt2 and pt4 at
95% span then at 50% span. Furthermore, their magnitudes are now almost similar
where no clear differences can be seen except close to the leading and trailing edge
of the blade. Therefore, this behaviour indicates that at this particular spanwise
location, neither steady nor pulsating flow have the advantage in terms of the power
generation capability. The other feature indicated in Figure 5.30 is that the surface
pressure difference for pt3 drops very quickly downstream 70% streamwise location.
The analysis from this section yielded several interesting observations. The obser-
vation indicated that the most distorted pressure distribution on the blade surface
occur at the suction surface close to the rotor hub. Multiple flow separations that
lower the power generation capability at this region have been detected. Moreover,
the turbine is capable of generating more power at mid-span of the rotor blade dur-
ing pulsating flow operation as compared to its steady counterpart. However, close
to the shroud, neither steady nor pulsating flow operations have the advantage in
terms of the power generation capability.
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5.9 Conclusion
This chapter has presented the analyses conducted for turbine operations under pul-
sating flow conditions. The CFD results have been validated with experimental data,
thus ensuring validity of the model. The assessment of phase shifting methodology
has been conducted where the summation of bulk flow and sonic velocity method
has been chosen for further analysis.
The effect that pulsating flow have on the incidence angle distribution has been
discussed. It has been found that the incidence angle is not at its optimum value
during peak pressure ratio condition during a pulse. The comparison between steady
and pulsating flow angle distribution has revealed that the turbine operation during
pressure decrement instance is closer to its equivalent steady state condition than
during pressure increment instance. Furthermore, a reverse flow has been observed
at the proximity of the volute tongue during pressure increment instance. Such
behaviour does not exist during pressure decrement instance.
The review on the quasi-steady assumption that are widely used in the engine match-
ing process has indicated that there it is necessary to adjust the steady turbine map
to accommodate for pulsating flow conditions. Furthermore, analysis using the Λ
parameter has yielded that the highest mass imbalance due to pulsating flow occur
at pulsating frequency of 60 - 70 Hz.
The final part of the analysis look at the pressure distribution on the surface of the
rotor blade. It has been found that the flow suffers multiple separations close to the
rotor hub regardless of its operating conditions. Further observation also indicated
that the power generation of the blade at mid-span is greater during pulsating flow
conditions than steady flow conditions.
In light of the analyses reported in this chapter and the previous chapter, it is
possible to make necessary adjustments upstream of the rotor inlet in order to
assist the inlet distribution flow angle. In this research, an effort has been made to
significantly reduce the number of the vanes to reduce flow blockage at high pressure
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ratio, and assist the flow turning at low pressure ratio. The development of this new
concept is explained in details in the following chapter.
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Efficiency improvement through
aggressive nozzle vane reduction
6.1 Introduction and background theory
This chapter discusses the efficiency gain recorded by the turbine under pulsating
flow conditions with a modified inlet stator. The discussions include the design
motivations, modification procedures as well as both steady and pulsating turbine
test results.
The analysis conducted in Chapter 4 and 5 revealed not only certain flow features
within the turbocharger turbine stage, but also a potential design improvement. In
the full vaned configurations, as the pressure ratio increased, it became more difficult
for the vanes to turn such high momentum flow in a short distance to its desired flow
angle. In addition, during high pressure ratio operations, large periodic deviation
of flow angle at the rotor inlet are recorded. However, the gain achieved by the
use of vanes cannot be underestimated since it is responsible to even out the flow
angle at the volute exit which was originally designed under free vortex assumption.
Therefore, without the nozzle vanes, the distribution of the flow angle is expected
to be uneven especially during pulsating flow conditions.
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There has been disagreement between researchers about the effectiveness of having
vanes for better flow guidance towards rotor leading edge. In the application specific
to radial or mixed flow turbine, where the flow at vane inlet is already swirled by
the volute scroll, the function of vanes is simply to remove any circumferential non-
uniformity in the flow. In some cases the vanes are also required to assist the
flow turning into the rotor especially at off-design conditions. A classical literature
was provided by Baines and Lavy (1990) through their experimental data where
a vaned stator indicated higher peak efficiency at a certain operating condition.
Other than that the efficiency dropped significantly as compared to its vaneless
counterpart. Conversely, recent investigation by Spence et al. (2007) has indicated
that the vaneless volute was capable of achieving higher efficiency at all operating
conditions compared to the vaned volute.
For these reason, a modification that involve significant reduction of nozzle vanes is
attempted. The new design used the aggressively reduced number of vanes (only 30%
of the original vanes) arranged symmetrically around the volute circumference. The
original motivation behind this modification is to avoid high level blockage during
high pressure ratio operations, improve flow angle distribution at volute outlet,
as well as mildly turn the flow closer to its optimum incidence at low pressure
operations.
Simpson et al. (2013) investigated the influence of nozzle solidity towards the tur-
bine performance. Simpson et al. (2013) found that there exist optimum number of
nozzle in order to achieve maximum efficiency. However, for the current research,
the numbers of vane blades are much lower than previously investigated by Simpson
et al. (2013). It is believed that only a small number of vanes are needed to guide
the flow particularly at high pressure ratio while at the same time not introducing
extra blockage. Not much guidance is needed at low pressure ratio since the flow
velocity is relatively low and the volute alone is sufficient to guide the flow in its
intended direction. Furthermore this modification does not involve an active mech-
anism thus maintaining its simplicity. Experimental testing for both steady and
pulsating conditions are conducted to investigate the performance achieved by this
new concept. The testing facility and its associated measurement methodology are
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described in Chapter 2.
6.2 Development process
The turbocharger turbine used in current work is specifically built for research pur-
pose (Rajoo, 2007). Therefore, modification of its components is made simple (see
Figure 6.1). As such, if one of the components is modified and used with the other
existing components, the effect of such modification can be clearly evaluated and
compared to its original configuration.
Figure 6.1: The removable vanes and pivoting mechanisms
In the interest of abbreviation, from this point onward this new concept is called
reduced vanes concept (RV). In order to evaluate the performance of RV, a few
modifications have been made to the original full-vaned (V) arrangement. Since
the original vanes are individually pivoted into each hole at the shroud wall of the
volute, it is possible to remove and replace the vanes with a specially designed plug
in order to seal the unused pivot holes. It is even possible to remove all the vanes
to create a vaneless arrangement (VL) as a baseline model for the comparison. The
geometry of the plug is shown in Figure 6.2. The plug is designed in such a way that
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the leakage flow is kept to the minimum as the pressure ratio increases (see Figure
6.3).
Figure 6.2: Geometry of the plug
Figure 6.3: Assembly of the plug onto the shroud wall
The testing program conducted to test the workability of RV volute is done in con-
junction with two other vane arrangements, namely vaneless and full vaned (after
this will be referred to as ‘vaned’) configurations. This step is necessary in order
to evaluate the efficiency differences of the new volute concept with the more con-
ventional arrangements. The assembly of the plug to form V, VL and RV volute
configurations are shown in Figure 6.4, Figure 6.5 and Figure 6.6 respectively.
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Figure 6.4: The arrangement of a vaneless volute
Figure 6.5: The arrangement of a full vaned volute
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Figure 6.6: The arrangement of a reduced vanes concept
6.3 Review of experimental data
6.3.1 Steady state experimental data
This section presents the steady state performance parameters of all the tested
turbine configurations. One of the key to ensure fair comparison is to match the
swallowing capacity for all turbine arrangements. This is achieved by regulating
the vane angle to match the mass flow parameter recorded by the vaneless volute.
Testing is done at the turbine speed of 50% and 80%.
Figure 6.7 shows the comparison of the steady state turbine performance parameter
between vaneless, vaned and RV turbine at 50% design speed. It can be seen in
Figure 6.7(a) that the swallowing capacity has been matched between the three
turbine arrangements, thus allowing direct comparison of turbine efficiency. By
comparing the efficiency between the different arrangements (Figure 6.7(b)), it is
obvious that the RV volute shows significant improvement for most of the operating
condition range. However, at large velocity ratio (> 0.88) the efficiency of RV drops
below that of vaned arrangement. Nevertheless, these operating points correspond to
low pressure ratio and therefore should not have negative influence during pulsating
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(a)
(b)
Figure 6.7: Steady state performance map of (a) Mass flow parameter and (b)
Efficiency for V, VL and RV volute at 50% speed
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flow operations.
Figure 6.7(b) also shows that the peak efficiency point tends to shift towards higher
velocity ratio values as the number of vanes increases. At 50% speed, the peak
efficiency point moves from velocity ratio of about 0.55 to 0.68 as the vanes are
added (Figure 6.7(b)). This behaviour could be understood with a closer look at
changes that occurred in the velocity triangle plot (see Figure 6.8).
Figure 6.8: The effect of nozzle vanes to the rotor inlet velocity triangle at similar
incidence angle
With the nozzle row (green lines) available, the flow area of the turbine inlet is
reduced. Therefore, to maintain similar mass flow rate with the vaneless (black
lines) volute, the meridional velocity has to increase in order to meet the mass flow
continuity requirement (see Equation 6.1).
ρCmvAv = ρCmvlAvl (6.1)
In this equation subscript v indicated vaned volute and vl indicated vaneless vo-
lute. Assuming peak efficiency point occurs at constant optimum incidence angle1
i.e. relative flow angle (βv = βvl), a higher absolute flow angle is therefore required
(αv > αvl). At similar turbine speed (Uv = Uvl), this results in the reduction of
tangential absolute velocity component (Cθv < Cθvl) which subsequently results in
1optimum incidence is in the range of -200 to -300 according to Japikse and Baines (1994) where
this condition corresponds to peak efficiency point in the turbine map
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lower available power into the turbine wheel in accordance with Euler turbomachin-
ery equation (see Equation 6.2).
Wx = U2Cθ2 − U3Cθ3 (6.2)
where point 2 and 3 correspond to the rotor inlet and outlet respectively. By as-
suming zero swirl at turbine exit (U3Cθ3 = 0), Equation 6.2 is reduced to,
Wx = U2Cθ2 (6.3)
Subsequently, this produced lower isentropic velocity, Cis and therefore higher ve-
locity ratio1. This behaviour is also valid for RV where the peak efficiency point
occurs at velocity ratio between vaned and vaneless arrangement. Figure 6.7(b)
also indicated that with regards to vaned and vaneless arrangement, vaned volute
has the advantage at higher velocity ratio (> 0.65). At low velocity ratio (or high
pressure ratio) vaneless volute shown better efficiency as compared to that of vaned
volute, but still lower than RV arrangement. This indicated contradictory observa-
tions than Spence et al. (2007) in terms of the actual benefit of vaneless volute in
radial turbine over its vaned counterpart. These contradictions are possibly due to
different turbine types (radial and mixed flow turbine) as well as different method
used to match the turbine swallowing capacity with their vaneless counterpart. In
addition, the current research used eddy current dynamometer where the true aero-
dynamic efficiency is measured by the reaction of the gimbal bearing (chapter 2).
In contrast Spence et al. (2007) used compressors wheels as the loading device in
order to obtain the turbine efficiency.
The comparisons of steady state performance are slightly different at 80% turbine
speed. Figure 6.9(a) shows that the swallowing capacity for every arrangement has
been matched as close as possible to each other. The efficiency profile for this partic-
ular speed is plotted in Figure 6.9(b). In this plot, it can be seen that throughout all
the experimental operating condition, the efficiency of vaneless volute is the lowest,
1V R = UCis
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(a)
(b)
Figure 6.9: Steady state performance map of (a) Mass flow parameter and (b)
Efficiency for Vaneless, Vaned and RV volute at 80% speed
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followed by vaned volute. The RV arrangement recorded highest efficiency amongst
the three. This observation highlights the benefit of RV at both speed lines specifi-
cally at 80% operating speed where the turbine performance exceeds the vaned and
vaneless turbine at all operation points.
Following the positive efficiency improvements of RV over vaned and vaneless config-
urations under steady state conditions, the testing program was extended to include
the pulsating flow conditions.
6.3.2 Pulsating flow experimental data
The measurement and instrumentation techniques are explained earlier in Chapter
2. The primary aim of this testing programme is to investigate whether the ad-
vantages of RV that are seen during steady state conditions remain during actual
engine operation (pulsating flow conditions). The pulsating flow testing were con-
ducted at three specified loading conditions for two averaged turbine speeds of 30000
rpm and 48000 rpm (50% and 80% design speed respectively). The turbine loading
(power output) were predetermined by adjusting the gap distance between the dy-
namometer permanent magnet and the stator plates (see Table 6.1). Therefore in the
calculations involving averaged parameters later in this chapter, the averaged power
output is used as a reference. Particular attention is also given to the mass flow rate
measurement so that accurate comparisons of the mass flow hysteresis loop between
the different volute arrangements could be made. For RV and vaned arrangement,
the vane angle is kept to the same angle as in steady state conditions. Since the
mass flow parameter for all arrangements are kept to the same level during steady
flow condition, any deviation of recorded instantaneous mass flow parameter during
unsteady testing could be attributed directly to the introduction of unsteadiness of
the flow to a different stator configurations.
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Table 6.1: Stator gap distance for pulsating flow testing
Stator Gap(mm)
30000 rpm 48000 rpm
Low Load (LL) 7 6.5
Medium Load (ML) 5 4.5
High Load (HL) 3.75 3.5
6.3.2.1 Cycle-averaged efficiency evaluation
A simple method to represent the turbocharger turbine efficiency under pulsating
flow condition is to calculate its cycle-averaged efficiency. The cycle-averaged effi-
ciency is calculated using Equation 6.4. This method ensures any dependencies on
phase shifting by the parameters are eliminated.
ηcyl avg =
ncycle∑
i=1
η(t)i ·Wisen(t)i
ncycle∑
i=1
Wisen(t)i
=
ncycle∑
i=1
Wact(t)i
ncycle∑
i=1
Wisen(t)i
(6.4)
As previously explained, the testing are conducted in such a way that the turbine
loading is fixed by adjusting the gap distance between the stator and magnet rotor
(see Chapter 2 for details on experimental facility). Therefore, at a particular gap
setting, the torque obtained is similar if the turbine is rotating at similar speed. This
serve as the basis of the cycle-averaged efficiency comparison at different loading
condition by plotting it against cycle-averaged actual power. This parameter is
calculated using Equation 6.5.
Wact avg =
ncycle∑
i=1
Wact(t)i
ncycle
(6.5)
Figure 6.10 shows the plot of cycle-averaged frequency against the averaged power
6.3. Review of experimental data 190
Chapter 6. Efficiency improvement through aggressive nozzle vane reduction
Figure 6.10: Plot of cycle-averaged efficiency for all volute configurations against its
actual power (turbine loading) at 30000 rpm and 40 Hz pulsating frequency
output for all volute configurations at 50% design speed and 40 Hz pulsating fre-
quency. It is obvious from Figure 6.10 that throughout the operation range, RV
volute indicated highest cycle-averaged efficiency followed by vaneless volute ar-
rangement. The vaned arrangement shows the lowest cycle-averaged efficiency value
which is 6 efficiency points lower than RV at the highest turbine loading. It can also
be seen that the new concept of RV produced a constantly higher cycle-averaged
efficiency at any loading conditions. However, the benefit of RV volute seems to
be more apparent as the turbine loading increases. At the lowest loading, only 1
efficiency point improvement is recorded against full vaned and vaneless volutes.
Meanwhile, the vaned volute seems to have the advantage over the vaneless volute
only at low loading. As the loading increases, vaneless volute works more efficiently
than the vaned volute. Furthermore, the behaviour of the efficiency trend of vane-
less and full vaned volute seems to be similar to their steady state behaviour at
similar operating speed (see Figure 6.7(b)) where the vaneless volute only shows
the efficiency superiority at high loading condition (low velocity ratio). As for the
RV volute, the cycle-averaged efficiency shows different trend than its steady state
counterpart in terms of the comparison between other arrangements in such a way
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that it maintains its higher efficiency in all loading conditions (at 30000 rpm turbine
speed).
Figure 6.11: Plot of cycle-averaged efficiency for all volute configurations against its
actual power (turbine loading) at 48000 rpm and 40 Hz pulsating frequency
Figure 6.11 shows the plot of cycle-averaged efficiency at 48000 rpm and 40 Hz flow
frequency for all volute arrangements. It is a similar type of plot as Figure 6.10 but at
different turbine speed. At this speed, it can be seen that at this speed the differences
of cycle-averaged efficiency between each volute arrangement are relatively small as
compared to 30000 rpm. Although the differences have been reduced, RV volute
maintains its superior efficiency over the entire range of loading as compared to
the other two arrangements. At low loading condition, the improvement of the
cycle-averaged efficiency for RV is recorded to be 4 efficiency points. However,
this improvement reduced as the load is increased. At highest loading condition,
only 1 efficiency point improvement is recorded. Meanwhile, the behaviour of cycle-
averaged efficiency for vaneless and vaned volutes is close to each other except at the
maximum loading. While generating the cycle-averaged actual power output of 9
kW, the cycle-averaged efficiency for full vaned volute exceeds that of vaneless volute
by 3 efficiency points. The cycle-averaged data for other operating frequencies at
50% and 80% turbine speeds are detailed in Table 6.2 and Table 6.3.
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Table 6.2: Cycle-averaged efficiency magnitude for all test conditions at 30000 rpm
turbine speed
VL V RV
LL ML HL LL ML HL LL ML HL
20 Hz 0.43 0.60 0.64 0.45 0.59 0.61 0.48 0.62 0.66
40 Hz 0.45 0.59 0.65 0.46 0.58 0.63 0.47 0.62 0.68
60 Hz 0.51 0.61 0.62 0.50 0.62 0.61 0.47 0.64 0.69
Table 6.3: Cycle-averaged efficiency magnitude for all test conditions at 48000 rpm
turbine speed
VL V RV
LL ML HL LL ML HL LL ML HL
20 Hz 0.34 0.54 0.62 0.39 0.57 0.63 0.41 0.59 0.62
40 Hz 0.36 0.57 0.68 0.39 0.57 0.70 0.40 0.58 0.69
60 Hz 0.38 0.57 0.70 0.41 0.59 0.68 0.42 0.57 0.67
Table 6.4: Efficiency difference between RV volute with vaneless and full vaned
volute arrangements (%) at 30000 rpm turbine speed
ηRV − ηV L ηRV − ηV
LL ML HL LL ML HL
20 Hz 4.59 2.21 1.68 2.84 3.40 5.14
40 Hz 1.21 3.08 3.29 0.65 4.37 5.62
60 Hz -4.37 2.80 7.71 -3.02 2.33 8.19
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Table 6.4 shows the cycle-averaged efficiency differences between the RV and the
other two volute arrangements for all testing frequencies and loadings at 50% tur-
bine speed. Positive values indicates efficiency improvement while negative value
indicates efficiency deficit. It can be seen that RV concept indicates higher efficiency
than vaneless and vaned in almost all test conditions except for two conditions, both
which are at low loading and high frequency (60 Hz). Maximum efficiency improve-
ment that is achieved is 7.71 and 8.19 efficiency points for vaneless and vaned volute
respectively. The magnitude of efficiency improvement of RV at this speed seems to
be substantial as it is traditionally not easy to improve the efficiency of the turbine
during pulsating flow environments. Nevertheless, there are also conditions where
the application of RV is not favourable. At low loading and 60 Hz pulsating fre-
quency, the RV volute registered the efficiency deficit of -4.37 and -3.02 efficiency
points compared to vaneless and full vaned volutes respectively.
Table 6.5: Efficiency difference between RV volute with vaneless and full vaned
volute arrangements (%) at 48000 rpm turbine speed
ηRV − ηV L ηRV − ηV
LL ML HL LL ML HL
20 Hz 6.80 5.25 0.03 1.92 2.02 -1.17
40 Hz 4.35 1.08 0.74 1.48 1.17 -1.79
60 Hz 4.89 0.03 -3.22 1.66 -2.31 -1.75
Table 6.5 shows the efficiency difference between RV volute and vaneless as well
as vaned volutes at 48000 rpm turbine speed. It can be seen that as compared
to the efficiency difference at 30000 rpm (Table 6.4), RV concept still shows higher
efficiency at most of the testing conditions. The maximum improvement of efficiency
is recorded against vaneless volute at low loading and 20 Hz flow frequency with the
magnitude of 6.80 efficiency points. According to Table 6.5, it can also be deduced
that as the speed increases, the efficiency improvements of RV tend to favour low
loading conditions. This observation is evidence as at 48000 rpm, RV volute suffer
efficiency penalty against full vaned volute at high loading conditions for all pulsating
frequencies. Furthermore it also suffers efficiency penalty at high loading condition
6.3. Review of experimental data 194
Chapter 6. Efficiency improvement through aggressive nozzle vane reduction
at 60 Hz flow frequency if compared against the vaneless volute. Nevertheless, the
comparison at high loading for 48000 rpm is somehow difficult to assess as the
turbine produced significantly different actual power output at high turbine loading
even though the stator-to-rotor gap is similar. Perhaps the cycle-averaged efficiency
is best represented by a 3 dimensional plot with actual power and flow frequency as
its x-axis and y-axis (see Figure 6.12 and 6.13).
Figure 6.12: Map of efficiency difference between RV and vaneless/full vaned volutes
at all testing conditions for 50% design speed
Figure 6.13: Map of efficiency difference between RV and vaneless/full vaned volutes
at all testing conditions for 80% design speed
In general, the RV concept has met the initial objective to achieve more power
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extraction than vaned and vaneless volute arrangement. This is shown in both steady
and unsteady turbine performance efficiency map where at most tested conditions,
the RV volute is able to achieve either similar or greater efficiency than other tested
arrangements.
It has been indicated earlier that the vane angle settings during pulsating flow testing
are kept the same as it is during steady flow testing1. However, during pulsating
flow operations, it has been found that the instantaneous swallowing differs between
each volute arrangement. The instantaneous swallowing capacity behaviour for RV,
as well as its differences to the other arrangements are detailed in the next section.
6.3.2.2 Swallowing capacity characteristics
Figure 6.14: Plot of mass flow parameter against pressure ratio at 50% speed and
20 Hz flow frequency for different volute configurations
Figure 6.14 shows the instantaneous mass flow parameter plot against the instanta-
neous pressure ratio at 20 Hz pulsating frequency for all three volute configurations.
Also plotted as black lines in the same axis in Figure 6.14 is the equivalent steady
1at a constant speed, the steady state swallowing capacity of V, VL and RV is matched to each
other by means of vane angle
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state turbine swallowing capacity map at similar speed of 30000 rpm. It can be
seen that the hysteresis loops were formed for the instantaneous plot of mass flow
parameter for all volute arrangements, and all of them are clockwise in direction.
For the vaneless volute, as the pressure start to increase, the swallowing capacity
also increases and closely matches its equivalent steady flow swallowing capacity up
until pressure ratio of 1.26. As the pressure climbs beyond the particular pressure
ratio, the swallowing capacity seems to deviate from its steady flow equivalent to
higher magnitude. This behaviour is the indication that the air is filling the volute
at higher rate than the steady state condition, also known as ‘filling’. At this point
forward towards higher pressure ratio until the maximum point, the relationship
between the instantaneous mass flow parameter is almost linear with the instan-
taneous pressure ratio. The development of instantaneous pressure ratio and mass
flow rate later reach the peak at similar instance (1.55 pressure ratio), resulting in
sharp reversal hysteresis at the top right of the figure. Subsequently, there is a rapid
decrement of swallowing capacity as the pressure ratio begins to decrease, albeit
its magnitude is still higher than the equivalent steady flow mass flow parameter
curve. Slower rate of pressure ratio change as compared to the change of mass flow
parameter suggests that the effect of the reflected compression wave. As the pres-
sure continues to decline, the instantaneous mass flow parameter matched its steady
state curve at 1.33 pressure ratio only to decrease even lower as pressure goes down
in a pulse. The behaviour of the instantaneous mass flow parameter to fall below the
steady state condition is the indication of mass emptying the volume of the volute
and that the rate of mass transfer into the volute is less due to previously available
mass still leaving the volute.
As indicated in Figure 6.14 the swallowing capacity hysteresis loop for the volute
with full vanes configuration exhibits a noticeably different shape than that of vane-
less configuration. During the pressure build up at the beginning of the pulse, the
instantaneous mass flow parameter deviates away to higher magnitude than the
steady state conditions, and therefore filling the volute. The relationship between
the swallowing capacity and pressure ratio continues to be almost linear until both
parameters reach their peak at similar instance. This behaviour, also observed in
vaneless configuration, suggests that the reflection of the compression wave (with
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any surface downstream) from the preceding pulse has yet to reach the measure-
ment plane as the current pressure peaks. Close to the peak, as the pressure ratio
begins to decrease, the instantaneous swallowing capacity seems to be decreasing
quicker for just a short moment (much less than the case of vaneless volute) before
maintaining almost linearly decreasing relationship with the pressure ratio. This
behaviour implies that full vane arrangement exhibit little reflection from the pre-
ceding compression wave at this particular operating point of 30000 rpm and 20
Hz pulsating frequency. As the pressure ratio decreases to its minimum value, the
mass flow parameter shows lower magnitude than the equivalent steady state con-
dition, suggesting so called ‘emptying’ effect (also observed in vaneless volute). It is
clearly seen from Figure 6.14 that the hysteresis loop of the swallowing capacity for
full vaned volute is relatively narrower than the other two arrangements. From the
observation of this two turbine arrangements so far, it can be deduced that the in-
troduction of pulsating flow could have the effect of increasing mass flow parameter
beyond its steady state limit.
The qualitative description for the behaviour of the swallowing capacity hysteresis
for the RV arrangement is somewhat a combination of vaneless and full vaned vo-
lutes. The filling process is still visible at lower end of pressure ratio as the pressure
starts to climb. As the pressure increases even more, there is an almost linear re-
lationship between the two parameter plotted in Figure 6.14, similar behaviour as
explained for the other volutes before. The swallowing capacity for RV also peaks at
similar instance as the pressure ratio, therefore a sharp edge is created. However, as
the pressure ratio reduces, the mass flow parameter drops substantially, forming a
loop that resembles the one observed for the vaneless volute. This behaviour serves
an as an indication of the existence of reflected compression wave from preceding
pulse that reached the measurement plane after the current pulse peaks, therefore
slowing the pressure decrement rate. However, unlike the vaneless volute that main-
tain the loop until the pressure ratio reaches minimum value, this loop seems to
merge at pressure ratio of 1.35, therefore resembles the full vaned hysteresis be-
haviour. However, this merging part is only temporary before the instantaneous
mass flow parameter drops lower than its steady state equivalent, thus indicating
emptying process of the volute.
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Figure 6.15: Plot of instantaneous mass flow parameter against pressure ratio at
50% speed and 40 Hz frequency for different volute configurations
Figure 6.15 shows the instantaneous swallowing capacity of all three volute arrange-
ments at 30000 rpm and 40 Hz pulsating frequency as well as their steady state
equivalent conditions which is plotted as dotted line. As the pulsating frequency is
increased from 20 Hz to 40 Hz, distinct changes in the trend of the development of
swallowing capacity hysteresis can be seen (see Figure 6.14 and Figure 6.15). For
the vaneless volute, as the pressure begins to rise the swallowing capacity increment
seem to be slower that the steady state conditions until the pressure ratio of 1.25
where it matches each other. Beyond the particular instance, the mass flow rate
increase at higher rate than that of steady state conditions, indicating the start of
filling process. The instantaneous swallowing capacity reaches its maximum point
at 1.45 pressure ratio on which the pressure ratio is still climbing before reaching
its peak at 1.48 pressure ratio. The increasing measured pressure even though the
mass flow already decreasing originated from the reflection of the compression wave
of succeeding pulse with the turbine components downstream. Such behaviour does
not occur at 20 Hz pulsating frequency (see Figure 6.14) thus resulting in different
shape of the instantaneous swallowing capacity shape. Subsequently, the pressure
and mass flow parameter decrease at almost similar rate as their climbing rate,
therefore maintaining the width of the loop. As the pressure ratio fall below 1.25
6.3. Review of experimental data 199
Chapter 6. Efficiency improvement through aggressive nozzle vane reduction
to its minimum value, the swallowing capacity seems to have retained its value and
merge with steady state line.
Meanwhile, for the full vaned volute, the mass flow parameter and pressure ratio
relationship climbs almost linearly but reach higher value of mass flow parameter
than the vaneless at its peak. For this configuration the hysteresis also indicated
that the swallowing capacity reaches its peak value than the pressure ratio. The
possible reason for this behaviour is explained before with vaneless volute at similar
operating condition. It can also be seen that the pressure ratio retain its magnitude
close to the peak thus resulting a ‘round’ edge of the hysteresis at top right of the
figure. The subsequent decrement of pressure ratio is accompanied with decrement
of mass flow parameter at similar magnitude with vaneless volute until about 1.27
pressure ratio. At the pressure ratio lower than this point, the mass flow parameter
climbed to the magnitude close to its steady state equivalent and before reduced
again to its minimum value, creating secondary loop at low pressure ratio region.
Albeit the loop is visible and measurable, the fact that it occurs at relatively such
low pressure ratio indicates its secondary importance in the overall performance of
the turbine.
Perhaps, more interesting observation of the swallowing capacity loop is that of the
RV at 40 Hz pulsating frequency where it shows mixing of feature between both
other volutes. This observation was indeed also recorded at 20 Hz frequency. The
hysteresis loop of RV follows closely to the vaneless hysteresis during instances where
the pressure is climbing. Similar to the other two arrangements, the mass flow pa-
rameter reached its peak before the pressure ratio. However, as soon as the pressure
drops, the hysteresis trend of RV immediately follows the full vaned hysteresis curve
right until its minimum pressure ratio. Therefore, from the observation at these two
frequencies (20 Hz and 40 Hz), it is clear that the hysteresis loop of instantaneous
swallowing capacity form RV follows that of vaneless as the pressure ratio climbs
and subsequently follows that of full vaned volute as the pressure ratio drops.
Figure 6.16 shows the plot of instantaneous mass flow parameter against pressure
ratio for all three volute configurations at 30000 rpm and pulsating frequency of 60
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Figure 6.16: Plot of instantaneous mass flow parameter against pressure ratio at
50% speed and 60 Hz frequency for different volute configurations
Hz. A clear distinct feature that is recorded for the particular frequency is that the
swallowing capacity loops for vaneless and RV volutes has formed intersecting loops
which have not been seen for lower frequency cases. Similar feature also does not ap-
pear for full vaned configuration at 60 Hz. For the vaneless volute, the increment of
instantaneous pressure ratio is accompanied by the increment of swallowing capacity,
albeit below its steady state equivalence until up to 1.25 pressure ratio. As the pres-
sure ratio increases beyond that, the mass flow parameter indicated filling process
where the rate of mass flow increment is higher than the quasi steady conditions.
The mass flow parameter and pressure ratio then reaches their peak magnitude at
similar instance. The subsequent feature shows that the formation of hysteresis loop
happens in counter-clockwise direction, a uniquely shaped only observed at 60 Hz
flow frequency. This indicates that the rate of decreasing pressure ratio is higher
than the rate of decreasing swallowing capacity, therefore suggesting that the re-
flected compression wave from the preceding pulse has reached the current pulse
before its peak. This situation of counter-clockwise hysteresis however, does not
persist until minimum pressure ratio. The loop seems to be intersecting at pressure
ratio of 1.29 thus forming a normal clockwise-type hysteresis again. The magni-
tude falls below steady state equivalence which indicates the emptying effect and
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finally formed a secondary loop at minimum pressure ratio. However as discussed
before, the existence of the secondary loop is not central to the turbine performance
since it occurs only during low pressure ratio instance where less isentropic power is
available.
Despite the new trend of hysteresis recorded for vaneless volute, the shape of the loop
for the full vaned volute at similar frequency exhibit a rather different behaviour.
This can be seen right from the beginning of the pulse where the increment of
instantaneous swallowing capacity follow the steady state increment closely until
1.21 pressure ratio. Filling process take part beyond this point where the increment
of mass flow parameter is almost linear with the increment rate of pressure ratio.
These two parameters reach their peaks at similar instant. As the pressure decrease,
a hysteresis with increasing width is formed. This behaviour is not recorded in
other frequency cases where the loop is either maintaining its width (40 Hz) or
collapsing (20 Hz) as the pressure ratio decrease. As the pressure ratio reaches
its minimum magnitude, the swallowing capacity tends to follow its steady state
equivalent conditions, therefore causing the hysteresis to collapse.
The swallowing capacity hysteresis for RV volute indicated some interesting feature
on which it follows the loop of vaneless volute during pressure increment period
and the loop of full vaned volute during pressure decrement period. Similar be-
haviour is also seen in previous cases with 20 Hz and 40 Hz flow frequencies. Since
the hysteresis loop for vaneless and full vaned volute at 60 Hz shows significantly
different behaviour (see Figure 6.16) as discussed above, the discussion for RV vo-
lute is only focused on the main difference. In RV, the instantaneous mass flow
parameter increases following closely the curve of vaneless volute until the maxi-
mum pressure ratio. The mass flow parameter for RV, however, does not follow the
counter-clockwise loop of vaneless volute instead decrease at almost similar rate as
it increases. This seems to be the combined effect of mass flow decrement rate of
vaneless and full vaned volute. As the pressure ratio reaches its minimum value, the
mass flow parameter tends to move towards its steady state conditions, just as seen
in full vaned volute arrangement.
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The observations from Figure 6.14 to Figure 6.16 indicated that the geometrical
properties of the volute influenced the progression of the instantaneous mass flow
parameter hysteresis loop even though similar rotor wheel are used, and the swal-
lowing capacity is matched during steady state condition. Therefore, the application
of rotor of different size and geometrical properties are expected to have even more
influence towards the hysteresis trend.
Figure 6.17: Plot of instantaneous swallowing capacity for RV volute arrangement
at 30000 rpm and 40 Hz flow frequency under different loading conditions
Figure 6.17 shows the development of hysteresis loop in RV volute at 30000 rpm and
40 Hz flow frequency as the loading is increased. The definitions of Low, Medium
and High loading and their properties are described in Table 6.1. In general Figure
6.17 indicated that the range of instantaneous mass flow parameter and pressure
ratio increases as the loading increase. This is expected as the amplitude of the
pulse will increase as more loading is applied to the turbine. However, it can also
be seen that the range of both parameters is not the only change that occur as the
loading increases. The increment in loading also affects the shape of the loop which
subsequently means that the reflection and superposition of the travelling pressure
waves are also affected. At low loading condition, the increment of instantaneous
swallowing capacity clearly indicates filling where the loop is above the steady state
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condition. The pressure and mass flow parameter achieve peak at similar instance
where the loop subsequently as pressure ratio decrease and mass flow parameter re-
duces below the steady-state line. It is also worth noting that the minimum pressure
ratio recorded during unsteady operations is significantly lower than the minimum
pressure ratio during steady state conditions, therefore indicating that at certain in-
stance the turbine has to operate at near-to-ambient pressure ratio. Furthermore for
this particular condition, the hysteresis loop shows no sign of significant reflection
of the compression wave from the succeeding pulse.
In terms of the swallowing capacity hysteresis shape, narrower hysteresis is produced
as the load increases from low to medium load (see Figure 6.17). As the pressure
ratio increases, the swallowing capacity increases below its steady state equivalence
until pressure ratio of 1.22. Subsequently, filling process takes effect. At this partic-
ular loading condition, it can be seen that the pressure ratio reaches its maximum
magnitude before the swallowing capacity. This feature indicated that the com-
pression wave from the succeeding pulse has reflected and reached the measurement
plane just as the current pulse are about to peak. This effects the development of
the hysteresis loop in such a way that a counter-clockwise loop is formed. However,
it is not long after mass flow parameter has reached its peak that the loop inter-
sects each other and regains the normal clockwise formation until the pressure ratio
reaches its minimum again.
The shape of hysteresis loop changes again as the loading is increased from medium
to high. At this condition, the loop is larger, indicating significant filling and emp-
tying. Perhaps the most obvious distinct feature from the other loading occurs at
the higher end of pressure ratio. This is similar plot as explained earlier in Figure
6.15. Therefore, only a brief discussion is provided here. The increment of loading
from medium to high has altered the point where the compression wave reflected
back to the measurement plane. As the mass flow reaches its peak earlier than the
pressure ratio, it can be deduced that the reflected compression wave only reach
the current pulse short after its peak, resulting in delayed peaking of instantaneous
pressure ratio. The remaining development of the swallowing capacity hysteresis
loop has been described in Figure 6.15.
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Figure 6.18: Plot of instantaneous swallowing capacity for RV volute arrangement
at 48000 rpm and 40 Hz flow frequency under different loading conditions
It has now been established that the alteration in turbine loading not only effect the
range of pressure pulse amplitude, but also effect its travelling patterns. However,
similar observation ceases to exist at 80% turbine speed (48000 rpm). Figure 6.18
shows the plot of instantaneous swallowing capacity against pressure ratio for RV
volute at 80% turbine speed. Also plotted in the same axis is the equivalent steady
state mass flow parameter at similar speed. It is clear from this figure that the
features that exist in the loop at one loading also exist at another loading. Two
most apparent similarities for all the loops are that the instantaneous mass flow
parameter reaches its maximum value before the pressure ratio. Moreover, as the
pressure ratio returns to its minimum value, there is an indication that the mass
flow parameter tends to be close to its steady state equivalence. This observation
shows that the development of mass flow parameter hysteresis loop does not only
depend on the flow frequency and loading, but also on the turbine speed.
Analysis on the instantaneous swallowing capacity for different volute arrangements
revealed the differences that is not seen during steady state conditions. The anal-
ysis also revealed that the instantaneous swallowing capacity for RV arrangement
resembles the vaneless volute during pressure increment period and full vaned volute
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during pressure decrement period. In addition, the shape of these hysteresis loops
depends on the loading, turbine speed, turbine geometry as well as flow frequency.
As discussed earlier in chapter 5, the mass flow changes within the domain relative
to the total mass flow at the boundary could be represented as Λ. Evaluation of this
parameter for different turbine arrangement is the main focus of the next section.
6.3.2.3 Lambda parameter
Λ parameter is effectively the ratio of time averaged of the changes of mass flow in
the turbine stage against time averaged mass flow of the through flow. It is used
to evaluate the level of mass imbalance in the turbine stage where the value of 1
indicated highly unsteady flow. In this chapter, the extensive testing procedures
to evaluate the unsteady performance comparison between RV, vaneless and vaned
volute at multiple operating conditions have provided an opportunity to further see
the behaviour of this parameter. The full summary of calculated Strouhal number
(St), Pi Parameter (Π) and Λ parameter is detailed in Table 6.6 and 6.7.
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In Table 6.6 and 6.7 , it can be seen that the highest magnitude of the Λ parameter is
recorded at 40 Hz frequency during high loading condition for the vaneless volute. At
this condition, the mass imbalance within the turbocharger turbine stage is recorded
to be 14.4%. The following discussion details the behaviour of Λ parameter for
different speed and loading conditions.
Figure 6.19: Plot of Lambda parameter for different volute arrangements at 30000
rpm turbine speed under low loading condition
Figure 6.19 shows the plot of Λ parameter for low loading conditions for all the
volute configurations. In general, at this particular operating condition, the value
of Λ parameter increases with the frequency. The comparison between all three
volute arrangements indicated that full vaned configuration has the highest value of
Λ parameter throughout the operating frequencies. Vaneless volute recorded lowest
Λ parameter value at the frequency of 10 Hz, 20 Hz and 40 Hz but has higher Λ
parameter than the RV volute at the highest frequency.
Similar plot of Λ parameter for medium loading operations is shown in Figure 6.20.
The trend of the development of Λ parameter seems to be similar between low and
medium load operation. However, in Figure 6.20, the Λ parameter value for vaneless
volute remains the smallest among the configurations for the entire flow frequencies.
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Figure 6.20: Plot of Lambda parameter for different volute arrangements at 30000
rpm turbine speed under medium loading condition
Figure 6.21: Plot of Lambda parameter for different volute arrangements at 30000
rpm turbine speed under high loading condition
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Figure 6.21 shows the plot of Λ parameter at high loading condition. There is a
significant change in the development of Λ parameter at this condition as compared
to the other loading at similar turbine speed (Figure 6.19 and Figure 6.20). At high
loading, the increment in Λ parameter value is not similar between configurations
as the frequency increases. The order of Λ parameter magnitude has also changed
where RV is now indicated highest value throughout the frequencies. This is followed
by full vaned and vaneless volutes. For RV, it is clear that the increment in Λ
parameter value reduced significantly at frequency higher than 40 Hz. Despite that,
the magnitude of Λ parameter for RV at 60 Hz is still higher than its magnitude at
40 Hz. Meanwhile, for the full vaned volute, the Λ parameter that initially increased
at similar rate as the other volutes from 20 Hz to 40 Hz indicated similar value of Λ
parameter between 40 Hz and 60 Hz flow frequency. This feature has been recorded
earlier in Chapter 5 where the Λ parameter increased at low frequency and then
stabilized frequency higher than 40 Hz, albeit the magnitude is a lot higher due to
large pressure amplitude. Perhaps, the most interesting observation in Figure 6.21
is that of vaneless volute. The Λ parameter recorded for this volute peaks at 40
Hz and then decreases at higher frequency. This observation indicated that after a
certain pressure ratio (turbine loading), the high mass imbalance in the turbocharger
turbine tend to occur at lower frequency.
Figure 6.22: Plot of Lambda parameter for different volute arrangements at 48000
rpm turbine speed under high loading condition
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At 48000 rpm, the value of Λ almost always peaks at 40 Hz flow frequency for
each volute configuration as tabulated Table 6.7. Only two exceptions occur at
low loading condition where RV and vaneless volute recorded their highest Λ at 60
Hz frequency. A particularly interesting plot for the particular speed is recorded
at high loading condition. At this point the Λ value for vaneless volute increased
substantially between 20 Hz to 40 Hz thus exceeding the value recorded with RV
and full vaned configurations. Subsequently, the Λ value for the particular volute
reduced to the same level as RV and full vaned volutes at 60 Hz flow frequency.
Analysis of the Λ parameter magnitude in this section has indicated different trend
of development at different turbine speed and loading. Due to this differences, full
characterization of the turbine ‘unsteadiness’ is made difficult. Despite that, the
data presented is sufficient in order to conclude that the mass imbalance in the
turbine stage is not necessarily higher at high frequency, regardless of its geometry
(V, VL or RV).
6.4 Conclusion
This chapter presents the efficiency improvement achieved through aggressive re-
duction of the nozzle vanes. It has been shown that the new concept is capable
of performing better than its full vaned and vaneless counterpart for both steady
and unsteady conditions, with the exception of a few operating conditions. A thor-
ough analysis on the instantaneous swallowing capacity behaviour has been con-
ducted. The analysis has shown that for different geometrical configurations, the
similar swallowing capacity achieved between each other during steady flow opera-
tions does not guarantee similar instantaneous swallowing capacity during pulsating
flow operation.
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This thesis presents the development of a three-dimensional computational model
to assist understanding of the flow field behaviour within the turbocharger turbine
stage under steady and pulsating flow conditions. Experimental work has also been
conducted to provide crucial validation information for the numerical model. Fur-
thermore, a novel concept, achieved by aggressive reduction of nozzle vanes, turbine
has been developed and tested. The comparison with vaneless and full vaned tur-
bine yielded improved efficiency at similar level of swallowing capacity. This chapter
will include the main conclusions from the research, as well as recommendations for
future work.
7.1 Conclusions
• Successful development of an accurate full-stage three dimensional
CFD model for the turbocharger turbine stage operating under pul-
sating flow conditions.
The Reynolds-Averaged Navier Stokes (RANS) equation is solved using the commer-
cial software Ansys CFX 14.0. The closure issue due to the Reynolds Stress terms in
the RANS is modelled using the k-epsilon turbulence model. The computational do-
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main consists of 4 major components which are the inlet duct, the volute, the vanes
and the rotor wheel. Precise geometrical properties that correspond to actual test-
ing conditions are modelled and meshed using various commercial software including
Solidworks, ICEM CFD and Turbogrid. Particular attention is given towards mod-
elling the vanes geometry as the manufacturing inaccuracy has resulted in slight
changes of the tip gap. It was found that this area has to be modelled precisely in
accordance with actual operating condition and not the original dimensions in order
for the validation data to be usable. The components of the domain are assembled
in Ansys CFX Pre where the boundary conditions obtained from experimental data
are applied.
The experimental data are obtained using the cold-flow turbocharger test facility
available at Imperial College London. This facility is built as a representative of
an actual hot turbine operating conditions in a vehicle. This is made possible by
employing similarity approach. The facility is capable of generating pulsating flow
with the desired pressure profile that represents opening and closing of the actual
exhaust valve in a vehicle. The employment of eddy current dynamometer allows
direct measurement of the actual power using the turbine torque, therefore reducing
the dependency on accurate temperature measurement. Furthermore, the flexibility
to adjust the spacing between the magnet rotor and stator within the dynamometer
allows larger turbine operating range to be tested as compared to the conventional
compressor as the loading device, resulting in wider turbine map. Details of experi-
mental instrumentation particularly for unsteady testing are also described. Finally,
the uncertainty analysis is explained which shows that the experimental uncertainty
becomes large as the pressure ratio is reduced due to sensitivity of the load cell.
For the steady state simulations, the predictions of mass flow parameter matched
with experimental data obtained on the test-rig with the average deviation of 2%.
The steady state turbine efficiencies are also well predicted with similar average
deviation value of 2%. All the predicted points fall below the experimental uncer-
tainty limits. Unlike the validation exercises for steady state condition that used
the derived parameters such as turbine efficiency and mass flow parameter, the val-
idations for unsteady calculations are done using the primary parameters, namely
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static pressure and torque. For both of the parameters, the magnitude of peaks and
troughs of the instantaneous plots agree well with experimental data, albeit slight
shifting in the phase angle of the predicted results are recorded close to the peak for
both parameters.
• In-depth understanding of the turbine behaviour under steady and
pulsating flow conditions and its relationship with internal flow field
structure.
1. Steady state conditions
For the steady state conditions, the analysis at the maximum efficiency operation
indicated that the existence of vanes has reduced the circumferential variation of
the flow angle that exit the volute (from ±100 to ±20). The averaged incidence flow
angle is -100 which is close to the optimum magnitude. Although the circumferential
variation of flow angle at the rotor inlet is limited by the existence of the vanes,
there still exist large variations of velocity across the inlet span where the effect
of tip leakage flow is evidence. As the inlet pressure increased or decreased, the
deviation of incidence angle from the optimum value is not symmetrical. This in
turn results in the asymmetrical plot of total losses (1− η) against incidence angle.
Results also indicated that the circumferential fluctuations of flow angle increases
as the inlet pressure increases.
2. Pulsating flow conditions - phase shifting method
For the pulsating flow conditions, the locations on which the isentropic and actual
power are evaluated are different and therefore, phase shifting is necessary. The
assessment of phase shifting procedure is conducted where the shifting technique
using the summation of bulk flow and sonic velocity has been proven to be better
than simply matching the peak of isentropic and actual power.
3. Pulsating flow conditions - flow field analysis
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It is clear from the analysis that the incidence angle is highly positive as the pressure
ratio peaks. This prompted the instantaneous efficiency of the turbine to be very
low at instances where most of the power is available. As the speed increases, the
maximum instantaneous incidence angle is reduced albeit still indicated positive
values. From this particular analysis, it can be concluded that the possibility of
increasing the cycle-averaged efficiency of the turbine of a fixed geometry lies in the
design that is capable of operating efficiently at instances where most of the energy
are available.
Analysis at 1.6 PR indicated that the circumferential variation of the relative flow
angle is multiplied by more than seven times during unsteady conditions as compared
to its steady state counterpart. The comparison between the pressure increment
and decrement period for all flow frequencies suggested that the circumferential
distribution of the flow angles are more chaotic during pressure increment. The
range of flow angle distribution during pressure increment period is recorded to
be more than twice as compared to similar parameter during pressure decrement
period.
4. Pulsating flow conditions - turbine ‘unsteadiness’
The calculations of Lambda parameter are also presented in the analysis. The
parameter represents ‘unsteadiness’ of the turbine by including the effect of both
pulsating flow frequency and its amplitude. It has been found that the development
of lambda parameter for both 50% and 80% turbine speed is almost similar in term
of its trend as the frequency increases, albeit a small shifting to the higher value as
the speed reduces from 48000 rpm to 30000 rpm. Therefore in general, it can be
concluded that the turbine behaviour is more ‘unsteady’ at lower speed as compared
to higher speed. In addition, potential prediction errors by simply assuming that
the turbine wheel under unsteady operating environment behaves as a quasi-steady
device are also discussed.
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• Successful development of the reduced vanes stator concept that
results in efficiency increment of the current turbine under steady
and pulsating flow conditions.
As the name implies, this concept is achieved by aggressively reducing the number
of the nozzle vanes to only a third of its original number. In accessing the influence
of the new stator arrangement towards the turbocharger performance, comparison
is made with both full vaned (15 blades) and vaneless volute arrangements. The
steady state swallowing capacity map for all the volute configurations are matched by
regulating the vane angle, therefore the difference in performance is only influenced
by the stator geometry. Experimental testing are conducted at both steady and
pulsating flow operating conditions.
For steady state turbine operations, the application of the new concept yields clear
improvement over both full vaned and vaneless arrangements. At 50% speed, the
maximum efficiency achieved by the reduced vanes concept (RV) is 73% which is
4 efficiency points higher than the maximum efficiency of the other arrangements.
However, slight efficiency deficit (2 efficiency point) is recorded compared to the full
vaned configuration at velocity ratio higher than 0.89. At 80% speed the efficiency
improvement is not so clear but the RV is constantly more efficient throughout all
the operating points than the other configurations. Also noted in the experimental
efficiency map is the shifting in peak efficiency point towards higher velocity ratio
value as the number of vanes increases.
In unsteady operating conditions, the main parameter used to evaluate the tur-
bine performance is the cycle-averaged efficiency. For operation under pulsating
flow environment, the new RV concept has shown positive cycle-averaged efficiency
improvement that is as high as 8 efficiency point as compared to the other ar-
rangements. The performance improvement is more obvious at 50% turbine speed
than 80% speed. There are a few conditions on which the RV has recorded loss
in efficiency particularly at 80% speed and high loading conditions. The maximum
efficiency deficit that is recorded is 4.3 efficiency points. As for the swallowing
capacity hysteresis loop of RV, it is found that the RV loop follows the trend of
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the loop recorded on the vaneless volute during pressure increment period. On the
other hand, during pressure decrement period, the loops follow that of full vaned
arrangement.
7.2 Future work
7.2.1 Understanding of the turbine behaviour under pulsat-
ing flow condition
In order to fully understand the turbine behaviour under pulsating flow conditions,
much work needed to be done. It would be beneficial to have the performance
data for the turbine under more flow frequencies and turbine loadings (pressure
amplitude). This would allow accurate mapping of the evolution of the turbine
behaviour and its dependency on both frequencies and amplitude of the pressure
profile.
It would also be interesting to investigate the effect of a single pulse towards the
turbine performance. This will help in isolating the effect of a purely pulsating flow
by eliminating the superposition of pulses that is usually seen at high flow frequency.
However, the main difficulty to produce a single pulse is to build a sufficiently fast
valve to provide equivalent pulse timescale as the tested conditions.
Although CFD could provide accurate predictions and also enable detailed flow anal-
ysis, there are needs for much faster model to assist turbine designers and engineers
to perform turbocharger-engine matching procedure by taking advantage of pulsat-
ing flow operations. It is recommended that the available CFD data be used as an
integral part to assist the prediction capability of the low order models.
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7.2.2 Improvement of the new nozzle vanes arrangement
The testing done for the RV volute in this research has shown promising results.
However, more investigations are needed to optimize its geometrical configuration.
Asymmetrical nozzle arrangement could be tested in order to obtain optimized con-
figuration. Moreover, the testing program in the current research employed a fixed
vane angle in order to match the mass flow parameter to the other turbine con-
figurations. As it has been proven to be able to achieve higher efficiency than its
counterparts, it is essential to investigate the RV performance at different vane angle
position. Different turbine geometry could also be coupled to the RV in order to
prove the global benefit of this new concept.
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Appendix A
V-Cone calibration document
Figure A.1: V-Cone calibration document
231
Appendix B
Bezier curve definition
In constructing the blade profiles (Chapter 3), Bezeir polynomials is used to gen-
erate smooth curves following a few defining points of Rotor A (see Table B.1 by
Palfreyman (2004)). The resulting cylindrical points from this polynomials will de-
fine the leading edge, trailing edge, hub, and shroud of the rotor. Subsequently
these coordinates are transformed into Cartesian coordinates that are later used in
Ansys Turbogrid software.
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Appendix B. Bezier curve definition
Table B.1: Rotor A defining characteristics
Geometric feature Notation
Radius of hub at leading edge [mm] R1 36.008
Radius of hub at trailing edge [mm] R2 13.535
Blade height at leading edge [mm] B1 17.990
Blade height at trailing edge [mm] B2 25.790
Axial length of turbine [mm] L 40.000
Cone angle [0] δ 50.000
Theta-coordinate of leading edge root [0] θ0 -10.768
Theta-coordinate of leading edge control point [0] θ1 -4.963
Z-coordinate of leading edge control Z1 6.545
Trailing edge blade angle [0] β -67.740
1st Bezeir parameter (camber-line) Pc 0.500
2nd Bezeir parameter (camber-line) Qc 0.500
Theta-coordinate of trailing edge [0] θ4 -25.000
1st Bezeir parameter (hub) Ph 0.500
2nd Bezeir parameter (hub) Qh 0.500
1st Bezeir parameter (shroud) Ps 0.500
2nd Bezeir parameter (shroud) Qs 0.500
Blade number Z 12
(Tip-gap)/(blade height + tip gap) Tg 0.030
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Appendix B. Bezier curve definition
Leading edge
θ = (1− u)2tle0 + 2u(1− u)tle1 + u2tle2
z = (1− u)2zle0 + 2u(1− u)zle1 + u2zle2
(B.1)
where
tle0 = θ0
tle1 = θ1
tle2 = 0.0
zle0 = 0.0
zle1 = Z1
zle2 = B1 · sin(δ)
SOle =
tle1− tle0
zle1− zle0
S2le =
tle2− tle1
zle2− zle1
C2le =
1
2
(zle2)(tle0− tle1)− (tle0)(zle1)
(zle2− zle1)3
(B.2)
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Appendix B. Bezier curve definition
Camber line
θ = (1− u)4tcl0 + 4u(1− u)3tcl1 + 6u2(1− u)2tcl2 + 4u3(1− u)tcl3 + u4tcl4
z = (1− u)4zcl0 + 4u(1− u)3zcl1 + 6u2(1− u)2zcl2 + 4u3(1− u)zcl3 + u4zcl4
(B.3)
where
S0cl = S2le
C0cl = C2le
S4cl = tan(β)
( pi
180
)
tcl0 = 0.0
tcl4 = θ4
zcl0 = B1sin(δ)
zcl4 = L
zc =
tcl4 + (S0cl)(zcl0)− (S4cl)(zcl4)
S0cl − S4cl
tc = S0cl(zc− zcl0)
J =
(
−4
3
)
(C0cl)(p c)2(zcl0− zc)3
(zcl0)(tc− tcl4) + (zc)(tcl4)− (zcl4)(tc)
tcl1 = (Pc)(tc)
tcl2 = tc+ (J)(tcl4− tc)
tcl3 = tcl2 + (Qc)(tcl4− tcl2)
zcl1 = zcl0 + (Pc)(zc− zcl0)
zcl2 = zc+ (J)(zcl4− zc)
zcl3 = zcl2 + (Qc)(zcl4− zcl2)
(B.4)
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Appendix B. Bezier curve definition
Hub curve
r = (1− u)4rh0 + 4u(1− u)3rh1 + 6u2(1− u)2rh2 + 4u3(1− u)rh3 + u4rh4
z = (1− u)4zh0 + 4u(1− u)3zh1 + 6u2(1− u)2zh2 + 4u3(1− u)zh3 + u4zh4
(B.5)
where
S0h = −tan(δ)
rh0 = R1
rh1 = R1 + (Ph)(R2 −R1)
rh2 = rh3 = rh4 = R2
zh0 = 0.0
zh1 = (Ph)
(
R2 −R1
S0h
)
zh2 =
R2 −R1
S0h
zh3 =
(
R2 −R1
S0h
)
+ (Qh)
(
L−
(
R2 −R1
S0h
))
zh4 = L
(B.6)
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Appendix B. Bezier curve definition
Shroud curve
r = (1− u)4rs0 + 4u(1− u)3rs1 + 6u2(1− u)2rs2 + 4u3(1− u)rs3 + u4rs4
z = (1− u)4zs0 + 4u(1− u)3zs1 + 6u2(1− u)2zs2 + 4u3(1− u)zs3 + u4zs4
(B.7)
where
S0s = S0h = −tan(δ)
rs0 = R1 +
(B2)(cos(δ))
1− Tg
rs2 = rs3 = rs4 = R2 +
b2
1− Tg
rs1 = rs0 + (Ps)(rs4− rs0)
zs0 =
(B1)sin(δ)
1− Tg
zs2 = zs0 +
rs4− rs0
S0s
zs1 = zs0 + (Ps)(zs2− zs0)
zs4 = L
zs3 = zs2 + (Qs)(zs4− zs2)
(B.8)
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Appendix C
Additional test results
Figure C.1: Instantaneous mass flow parameter at 30000 rpm, 20 Hz, high loading
condition
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Appendix C. Additional test results
Figure C.2: Instantaneous mass flow parameter at 30000 rpm, 40 Hz, high loading
condition
Figure C.3: Instantaneous mass flow parameter at 30000 rpm, 60 Hz, high loading
condition
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Appendix C. Additional test results
Figure C.4: Instantaneous mass flow parameter at 30000 rpm, 20 Hz, medium load-
ing condition
Figure C.5: Instantaneous mass flow parameter at 30000 rpm, 40 Hz, medium load-
ing condition
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Appendix C. Additional test results
Figure C.6: Instantaneous mass flow parameter at 30000 rpm, 60 Hz, medium load-
ing condition
Figure C.7: Instantaneous mass flow parameter at 30000 rpm, 20 Hz, low loading
condition
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Appendix C. Additional test results
Figure C.8: Instantaneous mass flow parameter at 30000 rpm, 40 Hz, low loading
condition
Figure C.9: Instantaneous mass flow parameter at 30000 rpm, 60Hz, low loading
condition
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Appendix C. Additional test results
Figure C.10: Instantaneous mass flow parameter at 48000 rpm, 20 Hz, high loading
condition
Figure C.11: Instantaneous mass flow parameter at 48000 rpm, 40 Hz, high loading
condition
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Appendix C. Additional test results
Figure C.12: Instantaneous mass flow parameter at 48000 rpm, 60 Hz, high loading
condition
Figure C.13: Instantaneous mass flow parameter at 48000 rpm, 20 Hz, medium
loading condition
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Appendix C. Additional test results
Figure C.14: Instantaneous mass flow parameter at 48000 rpm, 40 Hz, medium
loading condition
Figure C.15: Instantaneous mass flow parameter at 48000 rpm, 60 Hz, medium
loading condition
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Appendix C. Additional test results
Figure C.16: Instantaneous mass flow parameter at 48000 rpm, 20 Hz, low loading
condition
Figure C.17: Instantaneous mass flow parameter at 48000 rpm, 40 Hz, low loading
condition
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Appendix C. Additional test results
Figure C.18: Instantaneous mass flow parameter at 48000 rpm, 60 Hz, low loading
condition
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